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Abstract 

Over the past decades, significant efforts have been focused on reducing fossil fuel 

dependency by promoting sustainable energy sources. Recently, major corporations 

have shifted their attention to H2 as a fuel for internal combustion engines, as the 

development of H2 fuel cells has not progressed as rapidly as expected. H2, with its 

higher calorific value and carbon-free molecular composition, offers a promising 

clean fuel alternative. However, the limited H2 infrastructure necessitates the 

continued development of dual-fuel combustion. This dissertation focuses on H2 

combustion characterisation and improving the performance of existing dual-fuel 

engines by leveraging the thermodynamic properties of fuels. 

H2 combustion characterisation was performed utilising  in-cylinder pressure 

measurements obtained through experimental testing. These in-cylinder pressure 

measurements were processed using LabVIEW software to analyse key combustion 

parameters such as the rate of heat release and combustion duration. These parameters 

were subsequently compared to those obtained from conventional fuels. Accurate 

determination of the air-fuel ratio during lean operation is critical. This was achieved 

through simultaneous and separate measurements of fuel and airflow rates. To 

address the pulsating airflow, a critical flow orifice was designed and incorporated 

into the setup based on choked flow theory, which depends solely on upstream 

conditions. The major highlight of this combustion characterisation investigation is 

the high brake thermal efficiency of 23% achieved by H2 under λ3 mixture, compared 

to the 21% obtained with stoichiometric petrol testing at wide open throttle.  

A cryogenic setup was developed specifically for liquid natural gas injection to 

enhance combustion and mitigate engine knock in dual-fuel engines. However, due 

to safety constraints, experimentation with liquid natural gas was substituted with 

injections of liquid nitrogen and liquid propane. This approach aims to reduce intake 

air temperatures, thereby mitigating engine knock. Temperature measurements 

during liquid nitrogen injection revealed a reduction of approximately 45 °C at a 60% 

substitution ratio with vapour propane. Liquid propane injection resulted in 

temperature reductions of 4 °C and 7 °C at 60% and 70% substitution ratios, 

respectively. Across all substitution ratios and intake conditions tested, the use of 

liquid dual-fuel injection consistently decreased the maximum amplitude of pressure 

oscillations, indicating improved knock resistance.  
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Chapter 1. Introduction 

1.1 Clean Mobility and Climate Change 

Nearly 14 million new electric cars were registered globally in 2023, bringing their total 

number on the roads to 40 million [1]. Electric car sales in 2023 exceeded 2022 figures 

by 3.5 million, marking a 35% year-on-year increase. Such sales are 6 times higher than 

that found in 2018, just five years prior. In 2023, over 250,000 new electric vehicles 

were registered each week, surpassing the entire annual total from 2013, a decade earlier 

[1]. During this transitional period, hybrid vehicles have been instrumental in the 

automotive industry by combining traditional internal combustion engine technology 

with emerging electric propulsion systems. This integration not only served to 

familiarise consumers with the new developing technology but also provided the 

assurance of conventional powertrain reliability through the use of traditional fuels 

simultaneously [2]. Furthermore, hybrids address concerns about limited electric vehicle 

infrastructure, especially in developing markets, ensuring that drivers are not left 

stranded during the ongoing expansion of charging networks.  

 Despite such rapid growth in electric car sales worldwide, companies are still investing 

in alternative technologies to promote zero emission transportation by utilising the 

lightest, most basic and commonly found element in the universe, hydrogen (H2). 

However, H2 is not a primary energy source, meaning it must be produced from other 

energy sources. Therefore, its production is dependent upon various energy inputs, 

including renewable sources (green H2) and non-renewable sources (blue and grey H2). 

This is due to the fact that H2 does not naturally exist in nature in usable form and must 

be extracted or produced through various methods [3]. The giant automotive companies 

BMW and Toyota have been collaborating since 2013 on fuel cell drive systems and 

Toyota have provided the individual fuel cells for the iX5 H2 vehicles which is planned 

to be launched in 2028 [4]. Although H2 technology is presently being accelerated due 

to multiple companies of various industry sectors and research entities, huge investments 

still must occur in the infrastructure to support this transition. During this change, one 

cannot ignore the gravity of climate change effects that are reaching the physical 

environments, ecosystems and humanity in general. Various scientists are stressing 

about the current environmental situation and suggest that other alternative available 
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technologies must be employed immediately to mitigate the negative effects on the 

environment. An alternative solution is to make use of cleaner fossil fuels such as natural 

gas. So far in the last century, human development was highly dependent on fossil fuels 

resulting in large increase in pollution on such a scale that Earth is no longer 

withstanding causing repercussions. These negative effects are present in multiple 

forms, mostly predominant in climate change [5].  

Presently, there is a 47% likelihood that the global temperature averaged over the entire 

five-year 2024-2028 period will exceed 1.5°C above the pre-industrial era, according to 

the World Meteorological Organisation in the Global Annual to Decadal Update [6]. 

Such likelihood will certainly not be mitigated without large reduction in emissions. 

Long-lived gases remain in the atmosphere for decades to millennia, whereas short-lived 

gases and soot persist for less than a year. Given that CO₂ is a long-lived gas [6], 

emissions released today will contribute to global climate change for centuries, making 

prompt mitigation essential to avoid costly delays. In contrast, short-lived agents such 

as sulphur compounds dissipate within a year and thus do not pose the same long-term 

delay impacts. Therefore, regulating current emissions is vital to effectively mitigate 

global warming in the coming decades. 

1.2 Opportunities for Dual-Fuel Engines 

On March 29, 2024, the U.S. Environmental Protection Agency (EPA) issued its final 

rule [7], "Greenhouse Gas Emissions Standards for Heavy-Duty Vehicles – Phase 3," 

which establishes stricter emissions standards for heavy-duty vehicles, starting with the 

2027 model year. These regulations will apply to a range of heavy-duty vocational 

vehicles, including delivery trucks, garbage trucks, utility vehicles, buses, and tractors, 

aiming to significantly cut greenhouse gas emissions. The proposed standards do not 

require any specific technology, allowing manufacturers flexibility in choosing 

compatible solutions. EPA expects fleets to incorporate a variety of technologies, such 

as advanced transmissions, enhanced aerodynamics, improved engines, battery-electric 

and H2 fuel cell powertrains. Many of the technologies that were crucial in meeting 

Phase 2 Greenhouse Gas (GHG) standards are expected to remain important, particularly 

for reducing emissions in heavy-duty vehicles with internal combustion engines.  

https://library.wmo.int/idurl/4/68910
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Other available strategies that can help reduce emissions and comply with the stated 

Phase 3 GHG standards include, enhanced exhaust treatment, particulate filters and the 

use of alternative fuels. Although Compressed Natural Gas (CNG) is not typically 

categorised as an alternative fuel, it is recognised as a cleaner fuel used across multiple 

sectors. It is commonly used in various industries specifically in regions with abundant 

fuel gas resources, such as coal mines or industrial processes that generate waste gases 

during refining [8].   

The economics of converting diesel engines to dual-fuel operation benefit from the 

combination of affordable fuel and the efficiency, reliability, and widespread availability 

of diesel engines as prime movers. Most importantly, these engines provide the 

flexibility to operate solely on diesel fuel, which can be useful in instances where the 

substitute fuel is scarce or during transitional stages. Similar to the crucial role hybrid 

vehicles played during the development of electric powertrains, dual-fuel engines are 

expected to serve as a transitional technology by combining traditional fuels with H2 

until significant advancements in H2 infrastructure are achieved. Dual-fuel technology 

has recently gained popularity in the automotive sector, as it was previously more 

commonly applied in electric power generation and rarely used in smaller engines within 

the transport sector [8].  In this sector, vehicles which perform routine tasks such as 

delivery vans and buses, do not usually require high amounts of power but prefer high 

reliability, low operational costs and low specific-fuel consumption. Additionally, these 

vehicles have ample space for tank replacement and a setup for centralised refuelling 

infrastructure [9]. 

1.3 Current Fuels Used in Dual-Fuel Engines  

A study was performed by the International Energy Agency on the emission of 

gigatonnes of carbon dioxide between the time period of 2019 and 2022 [1]. The 

corresponding results are shown in Figure 1-1 where the power sector seems to be 

responsible for the highest production of carbon dioxide. Not long ago, precisely on the 

24th April 2017, the 1992 Dellimara 1 plant was switched off and put on cold standby 

[10]. Simultaneously, on the same day, ElectroGas marked the launch of the new 

Dellimara 4 gas-fired combined cycle gas turbine plant along with the associated Liquid 

Natural Gas (LNG) supply and regasification facilities. In addition to the gas turbines, 
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natural gas is also supplied to eight Wartsila diesel engines located at Malta’s power 

station, comprising of four single-fuel, spark-ignited units and four dual-fuel units [11].  

Among the candidates of alternative fuels currently, biofuels, Liquefied Petroleum Gas 

(LPG) and LNG are the potential ones. When compared to biofuels, the availability and 

economic aspects of LNG and LPG make them more realistic solutions. Although 

natural gas is derived from fossil sources, it can also be produced from renewable 

sources such as biomass which is a cost-effective process. Most importantly, through 

the utilisation of natural gas, engine emissions can be highly controlled in comparison 

with traditional fuels [12]. However, internal combustion engines can suffer from knock 

when specific engine parameters such as injection or spark timing are not properly set 

for certain fuels [13]. This phenomenon can have detrimental effects on engines if not 

properly mitigated.  

When considering the transportation sector, both forms of the natural gas; LNG and 

CNG were found to be useful. However, due to its lower cost when compared to 

traditional fuels, CNG gained high popularity in the automobile industry. On the other 

hand, LNG is mainly used for electricity production and transportation. When compared 

to CNG, LNG provides higher safety, easier transportation and storage capacity. 

Additionally, LNG is cleaner than oil and coal, which has led to its widespread 

recognition in the global market [15]. Hence, LNG is a promising alternative fuel to 

diesel powered vehicles and is capable to compensate for some severe drawbacks of 

natural gas-powered vehicles. For instance, a higher range (up to 700-1000 km) is 

expected from LNG fuelled trucks due to its higher energy density. On the contrary, the 

Figure 1-1: Global CO2 emissions by sector, 2019-2022 [1]. 
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cost of an LNG fuel tank and the engine is approximately double the price of a diesel 

operated system [16].  However, due to its liquefaction attribute, the volume of LNG 

reduces by a factor of 600 making it the most preferred mode for transportation. In fact, 

LNG trade is growing at twice the annual rate of piped natural gas and now represents 

10% of global natural gas consumption.   

1.4 Dissertation Objectives 

With increasing interest in H2 as a fuel for extending the use of internal combustion 

engines, investigating H2 combustion is essential for optimising performance. This H2 

investigation would allow a smoother transition of this fuel in dual-fuel engines. While 

H2 can be used as the sole fuel in SI engines, to meet evolving demands (i.e. transitioning 

to H2) methane blended with H2 in dual-fuel engines may be necessary. However, 

blending H2 in methane worsens the Wobbe index resulting in higher knock levels. [17] 

[18] Therefore, in preparation for higher H2 concentrations in methane gas, knock 

mitigation through LNG injection was proposed to mitigate knocking in dual-fuel 

engines. However, for safety reasons procurement of LNG was impossible and instead 

liquid nitrogen and liquid propane were used. 

Research Hypothesis:  

Liquid injection (liquid natural gas or liquid propane) in dual-fuel engines can 

effectively mitigate knock propensity induced by elevated Wobbe index mixtures from 

H2-enriched gas grid fuel, while H2 combustion characteristics provide foundational data 

for future H2 integration in dual-fuel systems. 

Research Questions: 

How does liquid propane injection influence knock intensity and combustion phasing in 

a dual-fuel diesel-propane engine compared to gaseous propane? 

How do H2 combustion characteristics differ from conventional fuels, particularly 

regarding the burn duration and efficiency? 
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This dissertation mainly consists of two separate investigations which were conducted 

on separate and distinct setups. 

The H2 combustion characterisation was carried out on the J.A.P. 6 single cylinder 

engine where the main investigations were:  

• Enhance the accuracy of the calculated air-to-fuel ratio for the J.A.P. 6 engine 

during H2 testing. 

• Development of a 0D model to understand the interaction of spark timing with 

CA50 location  

• Perform combustion characterisation analysis through in-cylinder pressure 

measurements during H2 operation. 

The implementation of the liquid state knock mitigation technique was performed on the 

existing Peugeot dual-fuel setup. For this setup, the planned investigations were to:  

• Develop a cryogenic setup with appropriate apparatus to perform the liquid state 

knock mitigation technique. 

• Install the cryogenic setup onto the dual-fuel setup and test it with Liquid 

Nitrogen (LN2).  

• Perform dual fuel tests with liquid propane injection and deduce the reduction in 

knock intensity by calculating the Maximum Amplitude Pressure Oscillation 

(MAPO) in the measured in-cylinder pressure. 

Moreover, although distinct investigations were carried out on separate setups, H2 

combustion characterisation was explored to support its future implementation in dual-

fuel engines for enhanced flexibility. Meanwhile, cryogenic liquid injection was 

investigated as a means to reduce knock which remains a limiting factor in existing dual-

fuel engines and must be addressed until H2 is fully integrated into these systems. 
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1.5 Dissertation Structure 

This dissertation consists of 8 chapters, divided as follows: 

• Chapter 1 – The introduction of the dissertation is described, and the aims and 

objectives are listed accordingly. 

 

• Chapter 2 – The literature review initially explores the opportunities, challenges 

and research gaps associated with dual-fuel engines. This is followed by an 

overview of dual-fuel engines, examining different types of fuels. Key 

operational parameters for both spark and compression ignition engines are 

identified, with a thorough explanation of the H2 combustion process.  

Additionally, the combustion abnormalities and the corresponding solutions are 

discussed.  

 

• Chapter 3 – Several analytical methods for combustion characterisation were 

identified, discussed and listed. In some cases, different analytical methods were 

used simultaneously, and the results obtained were compared accordingly.  

 

• Chapter 4 – The methodology outlining the H2 experimental procedure is 

described in detail. All experiments and preliminary work conducted on the 

J.A.P. 6 engine is systematically presented and explained. Additionally, the test 

matrix comprising of 12 test points is presented. Finally, the steps involved in 

the development of the zero-dimensional model are described and its results are 

discussed.  

 

• Chapter 5 - All the preparations and experimentations done on the Peugeot 2.0 

litre dual-fuel setup are detailed in this chapter. Subsequently, the components 

and configuration of the cryogenic setup for liquid state dual injection are 

described. Finally, the knock signal is calibrated with the MAPO to enable direct 

comparison between vapour and liquid propane testing.  

 

• Chapter 6 – This chapter involves the presentation and discussion of the different 

combustion characteristics obtained from the post processing of in-cylinder 
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measurements during testing. Comparison with traditional fuels was performed 

where differences were highlighted and compared to literature. 

 

• Chapter 7 – The significant MAPO results obtained from vapour and liquid 

propane testing are discussed and compared. Temperature reductions observed 

during LN2 and liquid propane injection are compared and analysed. Relative 

literature is referenced to compare experimental behaviour and results during 

engine knock operation. 

 

• Chapter 8 – A summary of the results obtained from each investigation is 

presented, with the corresponding conclusions are highlighted.  The significance 

of the integrated approach adopted in this study is discussed, along with a listing 

of limitations and suggestions for future work.  

The block diagram illustrates how the diesel-propane and H2 investigations - detailed in 

the chapters - converge toward the overarching aim of this thesis. 
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Chapter 2. Literature Review 

This literature review primarily aims to provide a concise overview of dual-fuel engine 

applications to highlight their significance. Given that the two investigations were 

conducted using different fuels and distinct engine types, the fundamental differences 

between Spark Ignition (SI) and Compression Ignition (CI) engines are outlined. 

Subsequently, the combustion process in dual-fuel engines is reviewed, followed by an 

examination of the drawbacks, particularly knocking, its associated challenges and the 

existing mitigation strategies. In the context of H2 combustion, the primary focus was to 

highlight the importance of proper spark timing for optimum performance in SI engines 

and to determine the optimal spark timing for H2-fuelled internal combustion engines. 

Additionally, other relevant combustion parameters were investigated to enable 

comparative analysis with the experimental results presented in this dissertation.  

2.1 Overview of the Dual-Fuel Engine 

A dual-fuel engine is a type of internal combustion engine where the primary fuel, 

typically natural gas, is mixed homogenously with air in the cylinder, resembling the 

process in spark-ignition engines [19] while combustion is initiated through a process 

similar to that of CI engines. Dual-Fuel Engines (DFE) are compatible with a wide range 

of gaseous fuels including propane, CNG, low BTU wood gas, and H2 gas as well as 

LPG [20]. However, unlike a spark-ignition engine, a small quantity of diesel fuel 

referred to as the pilot, is injected at a point near the Top Dead Centre (TDC) during the 

compression stroke to initiate combustion [21]. The diesel pilot undergoes rapid pre-

flame reactions and ignites due to the heat generated from compression similar to that 

of a conventional diesel engine, igniting the rest of the air-fuel mixture in the rest of the 

cylinder. Like the SI engine, the bulk of the energy in a DFE is produced by the 

combustion of a relatively homogenous preformed mixture of air and the primary fuel 

in the cylinder [19].  

DFEs are rarely equipped with throttles for power control, instead, power output is 

regulated by adjusting the concentration of natural gas in the premixed charge. Since 

DFE rely on the CI of a diesel pilot, they share certain characteristics with diesel engines, 

while also possessing unique advantages and limitations. Despite these distinctions, 

DFEs more closely resemble diesel engines than spark-ignition engines. Numerous 
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researchers agree that DFEs achieve optimal performance at moderate-to-high loads, 

often matching or exceeding the fuel conversion efficiency of pure diesel engines under 

these conditions [19]. 

It seems that, to date, there are limited examples of engines especially engineered and 

developed solely for dual-fuel operation. The conversion of conventional diesel engines 

to dual-fuel operation requires minimal modifications, significantly lowering capital, 

operational, and maintenance costs [22]. Additionally, converted diesel engines are 

capable of retaining their operational lifespan, and in some instances may even outlast 

conventional diesel engines [23]. The specific energy or fuel consumption is frequently 

reduced, or at worst, remains comparable to that of a diesel engine under similar load 

conditions. The engine’s power output and speed ranges are largely preserved, closely 

resembling those of standard diesel operation. Turbocharged DFEs continue to deliver 

effective power across the entire operational range while maintaining high safety 

standards. Emissions performance is generally enhanced when compared to diesel 

engines, particularly in reducing challenging pollutants such as Nitrogen Oxides (NOx) 

and particulates [8]. 

A key consideration for converted engines is whether they need to retain the ability to 

deliver full diesel load output when required, or if they are destined exclusively for 

dedicated dual-fuel application, with diesel functioning as a temporary backup in the 

event of a disruption to dual-fuel operation. As a result, conversion kits are typically not 

designed to be universal or generic. Instead, they are tailored to specific diesel engine 

models and fuel gas types with a knowledge of the expected operating conditions [8]. 

During the conversion, the main components and systems altered are the fuel injection 

system, the fuel gas system and control system [24]. 

In general, the conversion of a diesel engine to dual-fuel operation should preserve the 

following key features: 
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• Major modifications to the engine should be minimised, while still maintaining 

the ability to operate as a diesel engine. Some reduction in engine output may be 

necessary [24]. 

• Peak cylinder pressures should remain within the acceptable limits for diesel 

operation. Ideally, the size of the liquid fuel pilot should be adjustable relative to 

the gaseous fuel, depending on factors such as load, speed, and other operating 

conditions [25]. 

• The safety of operation with gaseous fuels must remain a top priority, ensuring 

that the diesel engine can idle safely. Additionally, fail-safe mechanisms and 

overspeed controls must remain to function properly in the dual-fuel mode [8]. 

2.2 Fuel Types for Dual-Fuel Engines 

The majority of gaseous fuel can be utilised to varying levels of effectiveness in dual-

fuel engines. This is primarily achieved by injecting and igniting a sufficient quantity of 

liquid diesel fuel, which acts as a pilot to initiate combustion. The proportion of fuel 

energy provided by the gaseous fuel in place of the traditional liquid fuel is referred to 

as Substitution Ratio (SR).  Increasing efforts are focused on maximising the substitution 

of diesel with more cost-effective gaseous fuels, while maintaining acceptable standards 

of emissions while not compromising the engine performance. The gaseous fuels 

suitable for dual-fuel operations include those that are naturally in a gaseous state under 

ambient conditions. Additionally, the gaseous fuels most in interest are those which have 

the highest heating value [8]. The use of low heating value fuel mixtures in engines is 

often less favourable due to the significant additional expenses associated with fuel 

compression, which is necessary to meet the operational requirements of the engines. 

Such fuel gases hold significant potential as energy sources, but a substantial portion 

remains unutilised due to various technical, economic and environmental challenges. 

Furthermore, dual-fuel operation allows flexibility in the type and composition of 

gaseous fuel used. It also enables adjustments to the fuel's proportion and injection 

characteristics, ensuring optimised performance. Table 2-1 [26] shows the relative 

values of the specific energy storage for a number of common fuels. 
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Fuels Lower Heating Value (MJ/kg) 

Gasoline 42.4 

Diesel fuel 42.5 

Methanol 19.7 

Ethanol 26.8 

Hydrogen (gas) 119.9 

Methane 50.0 

As seen in Table 2-1, methane which is often the primary component of natural gas, has 

the second highest calorific value. Natural gas is a mixture of paraffinic hydrocarbons 

such as methane, ethane, propane and butane [27]. The composition of natural gas varies 

considerably from source to source which alters its properties [28]. Increased 

concentrations of higher hydrocarbons enhance the volumetric energy content, while 

increased levels of inert gases diminish it. However, excessive concentrations of higher 

hydrocarbons will reduce the Research Octane Number (RON) which may lead to 

excessive knock. Conversely, large concentrations of inert gases can create excessively 

lean mixtures, reduce power output and possibly cause rough operation if the mixture is 

already lean. To address the effects of gas composition on energy delivery, the gas 

industry has defined a parameter known as the Wobbe number [28]. This index decreases 

when H2 is blended with natural gas, which, similarly to the RON, can lead to higher 

knock levels. Given that there are approximately three million kilometres of natural gas 

pipelines, blending small amounts of H2 into the natural gas grid is feasible, thereby 

reducing the capital costs of H2 projects [17] [18]. Common examples and fuels derived 

from natural gas are LPG, CNG, LNG [27]. These fuels often exhibit significant 

variability in their chemical composition and energy properties, which influences their 

performance in a dual-fuel system. 

Table 2-1: Lower heating values of different fuels [26]. 
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2.2.1 LNG comparison with CNG and LPG 

CNG and LPG are frequently confused with LNG, though their properties differ 

significantly, especially under similar temperature and pressure conditions. As the name 

suggests, CNG primarily consists of methane in its gaseous form, typically comprising 

80–90% of the mixture. It is colourless, non-toxic, non-carcinogenic, flammable, and 

lighter than air. Due to its low energy density, natural gas is compressed to a pressure of 

200–250 bar for storage [27]. It is the gaseous by product of petroleum and is the first 

component separated during the distillation process [29]. The combustion of CNG 

releases less nitrogen oxide, hydrocarbon, and carbon monoxide emissions compared to 

diesel. CNG achieves a substantial reduction in particulate emissions compared to diesel, 

producing significantly less soot [30]. 

LPG is an abundant, high-octane, clean, and environmentally friendly fuel. It is 

produced through the fractionation of natural gas and the refining of crude oil. 

Consisting primarily of propane and butane, LPG remains in a gaseous state under 

normal atmospheric conditions but can be easily liquefied by applying moderate 

pressure or reducing the temperature below negative 42°C (i.e. < -42). This property 

makes the fuel highly versatile and ideal for various applications, as it can be easily 

condensed, stored, packaged, and used. Upon releasing the pressure, the liquid expands 

to approximately 250 times its original volume as gas, hence significant amounts of 

energy can be stored and transported compactly [27].  

When natural gas is cooled down to negative 161°C it is converted to LNG [31]. The 

density of LNG is 435 kg/m³, significantly higher than the 175 kg/m³ of CNG at 200 

bar. As a result, an LNG-powered vehicle can travel approximately 1.4 times further 

than a CNG-powered vehicle with the same fuel tank capacity. However, to match the 

range of a diesel-powered vehicle, the LNG fuel tank must be approximately 1.7 times 

larger than the diesel tank [8]. According to a report done by Sutton [32] and a 

publication by Litzke et al. [33], LNG can directly substitute the diesel fuel for heavy 

duty vehicle applications and is the most viable option for long range use. The authors 

emphasised how the amount of LNG stored in cryogenic tanks greatly exceeds that of a 

CNG system. Due to the cryogenic volume compression of a factor of 600, LNG is 

highly convenient to transport bulk quantities. Unlike oil spills, LNG would not cause 

environmental contamination since if spilled on water it would float on top and vaporise 
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rapidly. LNG, when vaporised would only burn in concentrations of between 5% and 

15% mixed in the air [31]. Table 2-2 shows a comparison of physical and chemical 

properties of LNG with diesel, gasoline and LPG. 

Table 2-2: Comparison of physical and chemical properties of LNG with diesel, gasoline and LPG [27]. 

Properties LNG Diesel CNG LPG 

Auto Ignition 

Point (°C) 
540 316 540 454-450 

Flash Point (°C) -187 60 N/A -104 

Boiling Point (°C) -160 204 -160 -42 

Flammable Range 

(%) 
5-15 N/A 5-15 2.1-9.5 

Stored Pressure Atmospheric Atmospheric Pressurised Pressurised 

2.2.2 Storage requirements 

The primary disadvantage of gaseous fuelled vehicles lies in the weight and bulk of their 

storage containers. For an equivalent driving range, a CNG storage tank is significantly 

larger, heavier, and more expensive compared to a gasoline tank. This disparity is due 

to the need for high-pressure containment, often at 200–250 bar [34], to store CNG 

efficiently to achieve sufficient energy density for practical driving ranges. When using 

CNG, vehicle designers must balance driving range, tank cost, available vehicle space, 

additional weight, and overall fuel cost. The fuel cost itself is influenced by the storage 

pressure level, with higher pressures typically increasing storage efficiency but also 

raising costs and complexity. These trade-offs often make CNG more suitable for 

applications where refuelling infrastructure is readily available and where weight and 

space constraints are less critical [35]. Several companies [36] [37] are also offering 

various types of storage vessels varying in sizes and materials to accommodate client 

needs. The introduced aluminium tanks wrapped with fiberglass or carbon [36] weighs 

one half to one tenth as much as the conventional steel tanks with only slightly higher 

costs [35].  

From the investigations carried out by DeLuchi et al. [38] between a baseline gasoline 

vehicle of 35 mpg and a CNG vehicle, the CNG vehicle was 15% more thermally 
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efficient and 6.5% heavier than the gasoline vehicle. Additionally, it is important to 

appreciate that the volume of natural gas storage is a function of range and pressure. 

Moreover, storage volume at 4500 PSI (≈320 bar) uses about 25% less trunk space than 

storage at 3000 PSI (≈207 bar) [38]. Additionally, the storage volume does not decrease 

significantly above 4500 PSI due to non-ideal gas behaviour at high pressure [35].  

DeLuchi et al. [38] also highlighted the indirect effect of range on acceleration and 

operating cost due to the additional weight of the storage system, where the authors 

commented that the doubling of the range typically would result in 5-8% decrease in 

efficiency and performance.  

2.3 Operating Parameters and Advantages of Dual-Fuel Engines 

Like other automotive fuels, natural gas generates power in an internal combustion 

engine through the process of combustion and the subsequent expansion of gases within 

the combustion chamber. Consequently, engine performance is significantly influenced 

by both the engine's design and the combustion properties of the fuel used [35]. For dual-

fuel engines, the number of operating and design variables is typically greater than those 

influencing the performance of conventional diesel or SI engines. Consequently, the 

potential for power generation and the corresponding levels of exhaust emissions in 

engines operating on various gaseous fuels in dual-fuel mode are largely dependent on 

how effectively the following design and operational variables are managed [8].  

Fuel type- The composition and properties such as its heating value, physical and 

chemical properties and their corresponding variations with temperature and pressure. 

The values of the effective flammability limits and burning rates of the fuel are critical 

especially during the high temperatures and pressures occurring at the end of 

compression and the onset of the combustion process.  

Combustion parameters- The temperatures and pressures of intake and exhaust gases 

are influenced by the equivalence ratio values utilised. Their corresponding variations 

impose different knock limits which alter the operating window. One also needs to 

consider the type of pilot fuel employed, its relative size, timing and injection 

characteristics.  
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Exhaust and air intake systems- The volumetric efficiency, turbo charging and the 

degree of Exhaust Gas Recirculation (EGR) applied.  

Engine Design - The engine Compression Ratio (CR), stroke, bore, combustion chamber 

shape and engine speed range. 

The performance of gas-fuelled dual-fuel engines offers several advantages compared 

to conventional premixed spark-ignition gas engines [8]. Dual-fuel engines can utilise a 

broader range of gaseous fuels while being less prone to knocking. This is largely due 

to the use of lean fuel mixtures and controlled pilot ignition, which enhances combustion 

stability and safety. Additionally, dual-fuel engines exhibit reduced cyclic variability, 

particularly under light loads, mainly due to the consistent and reliable ignition provided 

by the diesel pilot fuel. 

The robust construction of diesel-derived dual-fuel engines allows them to better 

withstand high loads and potential knock events, while maintaining low heat losses. 

Good cogeneration potential, known as combined heat and power which refers to the 

engine’s ability to produce both mechanical and useful thermal energy, is also inherited 

through the diesel engine. Kabeyi et al. [39] refers to cogeneration as an efficiency 

strategy aimed at reducing fuel consumption for each unit of energy produced. Unlike 

spark-ignition engines and similar to traditional diesel engines, power output in dual-

fuel engines is primarily regulated by adjusting the fuel mixture concentration (quality 

control) and maintaining a quasi- constant airflow [40] rather than throttling which 

adjusts the quantity of intake air (quantity control). This quality control allows operation 

over a broader range of air-fuel equivalence ratios and turbocharging levels 

[8].Throttling results in a considerable loss of torque due to the energy required for the 

pumping loop. As a result, diesel and dual-fuel engines can maintain higher thermal 

efficiency compared to SI engines [40].  

Since dual-fuel engines retain the high CRs and torque typical of diesel engines it would 

require smaller adjustments in pilot fuel injection timing in comparison to the substantial 

ignition timing changes needed in SI engines. Additionally, SI gas engines require an 

adequate and uninterrupted gas supply [41]. Particularly for methane applications in 

conventional SI engines, spark timing must be carefully controlled and optimised for 

satisfactory and efficient operation, particularly during lean engine operation. Thus, the 
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quality of the gaseous fuel utilised such as its octane rating, would have significant 

effects on the limitations of the engine configuration.  However, in dual-fuel engines 

that utilise pilot diesel injection, this requirement for timing adjustments is reduced, even 

with a constant injection timing [23]. The implementation of this reliable and positive 

ignition method significantly mitigates engine cyclic variation, leading to smoother 

operation. It also provides several key advantages in engine performance, including the 

ability to operate on a broad range of fuels as outlined in Section 2.2. 

Due to the required continuous change in spark timing with varying load and fuel 

mixture, SI gas engines have been preferred to be used in stationary applications, 

characterised by large, multi-cylinder configurations. In fact as previously mentioned, 

one half of the Dellimara phase 3 power plant in Malta [10], consisting of eight 16.6 

MW Wärtsilä 50SG gas engines, ignite the gas and air mixture with a spark plug [42]. 

However, the rest of the engines were preferred to be dual-fuel operated. This dual-fuel 

capability provides fuel flexibility, operational continuity, and reliability, allowing the 

plant to maintain power generation without interruption regardless of fluctuations or 

issues in natural gas supply [11]. The SI engines tend to operate at lower speeds and 

exhibit lower efficiency, primarily due to their susceptibility to knocking, especially 

when fuelled with certain gaseous fuels like raw or unprocessed natural gas. This 

tendency limits their performance and makes them less suitable for dynamic or high-

demand applications. As a result, SI gas engines have increasingly been replaced by 

dual-fuel engines [8].  

2.4 Dual-Fuel Combustion Process 

In order to highlight the difference and complexities of combustion of a DFE, first the 

combustion process of a SI and CI engine is briefly explained.  

2.4.1 Combustion in a SI engine 

For a SI engine, Figure 2-1 developed by Weaver et al. [28] depicts well the combustion 

sequence inside an internal combustion engine. Such engines are typically supplied with 

almost a homogenous air-fuel mixtures [43] where combustion of these mixtures in a SI 

engine do not fully utilise all the fuel present. A homogeneous mixture can be achieved 

by injecting the fuel during the intake stroke, as this facilitates an ideal condition for 

uniform dispersion of fuel droplets to evaporate and mix with air due to air turbulences 
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[43] [44]. It is understood that as the lambda (λ = ratio of actual Air Fuel Ratio (AFR) 

to stoichiometric AFR) coefficient increases, a greater proportion of the fuel in the 

mixture will be burned. In very lean mixtures, layering of the mixture in the combustion 

chamber takes place using Direct Injection (DI) where rich mixtures are formed around 

the spark plug and gradually leaner in areas further away from the electrode, eventually 

reaching the air at the walls of the combustion chamber. However, it is also known that 

petrol and air mixtures with a λ value greater than 1.4 cannot be ignited by a spark [43].  

After the initial spark, a spark delay takes place during which a flame kernel (early stage 

of flame initiation [45]) created by the spark expands to a significant size. Subsequently, 

the flame front propagates through the combustion chamber. The rate of this propagation 

is influenced by the flame speed, which depends on factors such as the air-fuel ratio, 

turbulence level and temperature. As the volume of hot burned gases increases behind 

the flame front, it exerts pressure on the cooler unburned charge outwards. This results 

in an overall increase in cylinder pressure, which raises the temperature of the unburned 

charge through compression heating. Finally, during the late combustion phase, any 

remaining components of the unburned mixture are consumed as the piston descends 

[28]. 

Figure 2-1: Normal combustion sequence in a spark-ignition engine [28]. 
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Fuel in SI engines can be delivered in two different configurations, Port Fuel Injection 

(PFI) and Direct Fuel Injection (DFI). Although commonly PFI was being used in SI 

ignition engines, Gasoline Direct Injection (GDI) is lately being implemented [46]. 

Mitsubishi was the first manufacturer globally to implement GDI engines in the mass-

produced Carisma model, which operated through the utilisation of stratified mixtures. 

This combustion technique helps to reduce fuel consumption, particularly at lower 

engine speeds and power levels. Stratified mixtures are formed when injection timing is 

retarded during the compression stroke just before ignition, preventing the formation of 

a uniformly distributed mixture within the combustion chamber due to lack of time [43] 

[44]. Thus, the position of the injector must be mounted in such a way to direct the 

injected fuel towards the electrodes of the spark plug. With such a configuration, the 

stratified mixture would result to have a high concentration near the spark plug 

electrodes and gradually changes to a leaner concentration as it approaches the walls of 

the combustion chamber. As a result, the average lambda (λ) value factor for a stratified 

charge in this configuration falls outside the acceptable flammability range. 

2.4.2 Combustion in a CI engine 

The combustion formation in a diesel engine is characterised by a heterogeneous mixture 

formation followed by auto-ignition. The air reaches pressures of 500-800 kPa and 

temperatures of 750-900 K during the compression stroke [40]. Just before the TDC, the 

diesel fuel is injected into the cylinder with high pressures in order to have the ability to 

penetrate far into the combustion chamber [47]. Due to the high temperatures created, 

auto ignition of diesel is induced. This injection technique is referred to as “high pressure 

late direct injection” [40]. The fuel is atomised into fine droplets at the injector nozzle 

and must undergo evaporation prior to achieving an effective mixing, thereby resulting 

in a heterogeneous mixture. Similar to a stratified mixture, in a heterogeneous mixture 

the lambda value varies from pure air to pure fuel near the spray core [40]. Brown et. al 

[48] uses a photograph of granite to illustrate the difference between a stratified mixture 

and a heterogeneous mixture, emphasizing that unlike stratified mixtures, the 

constituents in a heterogeneous mixture do not necessarily form distinct layers. A typical 

diesel-spray is illustrated in the Figure 2-2, which is characterised by two main distinct 

zones: a core region and an upstream jet or spray.  
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The primary challenge is to ensure an effective mixing of fuel and air within the engine 

in a limited timeframe, specifically at a designated crank angle near TDC. This is made 

possible through DI of fuel, coupled with rapid evaporation which facilitates this process 

[40]. In addition, mixing rates can be enhanced by employing swirl and optimising the 

bowl-in-piston combustion chambers, thereby affecting the rate of chemical energy 

release [49].  

The combustion process in diesel engines is commonly described using two 

complementary frameworks: the four-stage model and the two-phase flame model. The 

four stages of combustion is described in Figure 2-3 [50], where the pressure is 

represented on the vertical axis and crank angle in degrees on the horizontal axis. The 

negative angles are used to indicate angles of crank before the piston reaches TDC. From 

this figure one can observe the following phases: A-B – period of delay in ignition (start 

of fuel injection), B-C – premixed combustion (all the fuel has been injected causing a 

rapid increase in pressure), C-D – Main combustion (the fuel is burned, generating 

power), D-E – Late combustion (pressure decreases due to less combustion occurring) 

[47] [50]. 

Complementing this, since the combustion process commences shortly after the Start Of 

Injection (SOI) of the fuel, the process can also be described by focusing on two 

main flame phases. The first phase is referred to as the "premixed flame" phase, which 

denotes the period from the moment when the fuel is injected until ignition takes place. 

During this phase, the fuel combines with air and ignites spontaneously. Auto ignition 

is largely influenced by temperature and is less sensitive to changes of cylinder pressure 

at the end of the compression stroke [40]. 

Figure 2-2: Fuel spray injection in a diesel engine [40]. 
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The second phase is known as the “diffusion flame” phase. This phase may overlap with 

part of the injection period but occurs after the premixed air-fuel mixture. The diffusion 

flame burns at a slower rate than the premixed flame and is the main cause for most of 

the pressure rise that generates work as well as being a significant contributor to NOx 

formation. In cases of significantly advance timing only, the “pre-mixed flame” phase 

plays a role in the increase in pressure [40]. In addition, the temperature and pressure of 

the intake air effect the mixture burning rate which further impacts on the peak of the 

diffusion flame [49]. Predominantly during lean engine operation, when the intake air 

temperature is reduced the combustion characteristics are drastically affected. Such 

behaviour is explained from the increase in the heterogeneity of the fuel-air ratios found 

in the combustion chamber leading to narrowing of the effective lower flammability 

limit [41].  

2.4.3 Combustion in a dual-fuel engine 

As mentioned in Section 2.1, it is well established that for combustion to take place in a 

conventional dual-fuel engine, a specific amount of liquid fuel (pilot fuel) must be 

injected into a homogeneous mixture of pre-mixed air and gas near TDC [8]. This dual-

fuel combustion process is better explained in Figure 2-4 [51] where a mixture of the 

two combustion methods employed in a CI and SI are highlighted.  

 

Figure 2-3: Stages of combustion process in diesel-only engine [75]. 
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During the intake stroke, the gaseous fuel is introduced into the intake system and drawn 

into the cylinder through the intake port and thoroughly mixed with the incoming air 

charge, as depicted in (A). This homogeneous air-fuel mixture is subsequently 

compressed during the compression stroke, as illustrated in (B), following a process 

analogous to that observed in a conventional SI engine. However, unlike spark-ignited 

systems, combustion in this dual-fuel configuration is initiated by a small pilot injection 

of diesel fuel near TDC of the compression stroke rather than a spark plug. This pilot 

injection, shown in (C), triggers ignition through CI mechanisms, thereby sustaining the 

combustion process similar to that found in a CI engine [21].  

One must appreciate that the main role of the diesel pilot fuel which has a high cetane 

number is to ignite the gaseous main fuel which has a high RON [52]. This pilot fuelling 

strategy is crucial to reduce the ignition delay of DFEs [49]. However, a complex 

interaction occurs between the liquid fuel spray and the bulk premixed gaseous fuel–air 

charge. This interaction involves both thermal effects and a substantial chemical kinetic 

component, which can result in extensions of ignition delays and increased emissions. 

The pilot fuel in a CI engine is necessary since gaseous fuels often have a high auto 

ignition temperature. For natural gas the auto ignition temperature is around 580°C 

which does not ignite under the compression unless the intake temperature is 

significantly heated to elevated temperatures [8]. As seen in Figure 2-4, dual-fuel 

Figure 2-4: A diagram consisting of three instances which depict the combustion of DFEs employing 

a mixture of CI and SI combustion methods [51]. 
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systems typically injects the gaseous fuel with air in the intake manifold however this 

fuel delivery tends to displace the intake air directly affecting the volumetric efficiency 

of the engine thus limiting CRs of up to 80% [22]. Another fuel delivery system which 

can be employed is DI which can reach SRs of up to 95%.  

DI of gaseous fuel into the cylinder, particularly in modern engine systems, introduces 

additional complexity. In fact, during his studies Park [20], for simplicity reasons 

decided that an intake manifold fumigation was chosen to deliver CNG to the engine. 

DI requires generating a sufficiently high-pressure gas supply on board and precisely 

injecting the fuel gas into the cylinder at the correct moment. The timing and 

coordination of this injection, along with the mixing of the gaseous fuel and the liquid 

pilot fuel, demand careful sequencing, control, and execution [8]. 

Although typically diesel is used as a pilot fuel, due to its high hydrocarbon content it 

significantly changes the mixture’s resistance to auto ignition [23], other alternative 

fuels have been explored. Namasivayam et al. [52] studied the combustion 

characteristics of a dual-fuel engine using emulsified biofuel for pilot ignition. The 

emulsified pilot fuels were found to have extended ignition delays when compared to 

diesel by a maximum of 10% which caused a 30% reduction in the peak combustion 

pressures.  The author also commented that pilot fuel accounts for less than 10% of the 

maximum power output, meaning that the primary gaseous fuel predominantly controls 

the overall power output.  

2.5 Hydrogen Combustion Process 

After the combustion processes of SI, CI, and dual-fuel engines, were reviewed the 

fundamental H2 combustion characteristics was evaluated. This literature review will 

then be used to compare with the results obtained from the H2 experiments. Notably, 

although SI combustion was briefly discussed earlier, it is essential to first highlight the 

role of the spark in SI engines, given that the H2 testing was conducted using this 

configuration.  
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2.5.1 Importance of Spark Timing in SI Engines 

Ignition delay is inevitable in any type of internal combustion engine and becomes 

crucial to regulate especially in SI engines, where precise control of ignition advance is 

essential to obtain maximum torque. Performance can be effectively analysed by 

observing in-cylinder pressure variations with adjustments in ignition timing. Studies 

conducted by Binjuwair and Alkudsi [53] and Weibo Shi et al. [54] utilised petrol and 

H2 fuels respectively and the results of the two engines demonstrated consistent findings. 

Specifically, both fuels demonstrated the highest peak pressures with increased ignition 

advance. The peak pressure achieved in an engine leads to enhanced torque and brake 

power characteristics, as illustrated by Zareei and Kakaee [55] in Figure 2-5 whilst 

performing petrol experiments. The authors noted that while advancing the spark timing 

initially leads to an increase in torque output, further advancement beyond a certain point 

result in a decrease in torque. This phenomenon occurs due to a rise in in-cylinder peak 

pressure during the compression stroke and a corresponding reduction in pressure during 

the expansion stroke.  

 

The ignition timing at which maximum torque is achieved is known as the Minimum 

Advance for Maximum Brake Torque (MBT). It is important to recognize that MBT 

timing varies with engine speed and throttle position which directly effects the Manifold 

Absolute Pressure (MAP). Consequently, when operating with a higher dense charge, a 

less ignition timing advance would be required when compared to a less dense charge. 

Figure 2-5: Variation of brake power and torque with different spark timings [55]. 
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Tunka and Polcar [56] emphasised that ignition timing operates as an independent 

variable, while engine power and torque are dependent variables. Optimal ignition 

timing facilitates a more efficient conversion of the fuel's chemical energy into 

mechanical work.  

Furthermore, the optimal ignition advance can be assessed not only by evaluating torque 

and brake power but also through the analysis of exhaust gas temperatures. Late ignition 

results in elevated exhaust temperatures due to a delayed combustion onset during the 

expansion stroke, which causes afterburning in the exhaust phase. This condition 

negatively impacts the engine's thermal efficiency, as the thermal energy released from 

combustion in the cylinder escapes rapidly through the exhaust system rather than being 

effectively converted into mechanical work [56]. From the experimentation conducted 

by Tunka and Polcar [56], the relationship between exhaust gas temperature and ignition 

advance timing during petrol testing is illustrated in Figure 2-6. This figure clearly shows 

the effect that ignition advance timing has on the exhaust gas temperature, leading to a 

temperature variation of 100°C. Amongst their petrol experimental results, Binjuwair 

and Alkudsi  [53] investigated the impact of ignition advance on thermal efficiency and 

concluded that a thermal difference of 5% was found between the minimum and 

maximum ignition timing angles.  

Figure 2-6: The dependency of spark timing on exhaust gas temperature during petrol testing [56]. 
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2.5.2 Optimal Spark Timing in H2 Engines 

A two-zone quasidimensional model was developed by Hailin and Kharim [57] to 

predict the performance of a H2 fuelled SI engine. During the investigation, the effects 

of change in CR were established. The optimised spark timing was plotted against 

Equivalence Ratio (∅ = ratio of stoichiometric AFR to actual AFR) at CRs of 8 and 10 

at a MAP of 100 kpa as depicted in Figure 2-7. It is evident that spark timing must be 

retarded near stoichiometric conditions when compared to lean mixtures. 

From the evaluation of the curves found in Figure 2-7 it can be concluded that for the 

two different CRs it can be revealed that at low ∅, the difference in required spark timing 

is less significant than the mixtures near stoichiometric conditions due to the difference 

in the gradients of the graph. It is also noted with increasing CRs, the SI is delayed for 

MBT. For the satisfactory operation of a SI engine when using H2, the author emphasised 

the importance of maintaining a sufficiently wide operational mixture range, particularly 

during lean operations, when employing a high CR. This is essential to guarantee 

satisfactory performance of a SI engine running on pure H2. Similar observations where 

noticed by Purayil et al. [58] which commented on the necessity to optimise the spark 

timing to prevent the occurrence of knock, as demonstrated in the extrapolated graph in 

Figure 2-8. The data indicate that as the fuel injection quantity increases, it became 

Figure 2-7: A comparison of the typical variation of the optimized spark timing 

with changes in ∅ and CRs. Tin=311 K, Pin=100 kPa [57]. 
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necessary to retard the spark timing to avoid the onset of knock. This notion of delaying 

the spark is referred to as knock-limited spark advance (KLSA). 

  

Molina et al. [59] performed various H2 tests with both PFI and DI strategies at an engine 

speed of 1500 RPM having a CR of 10.7:1 and conducted various research on multiple 

parameters. From these, the characteristic combustion periods CA10, CA50, CA90 and 

spark timing were plotted against λ at an engine speed of 1500RPM and low-load 

conditions depicted in Figure 2-9. In contrast with the ignition timing used by Hailin and 

Kharim [57], Molina et al. [59] did not use ignition timings after TDC near 

stoichiometric conditions despite having similar CRs to obtain MBT.  

Rrustemi et al. [60] performed a similar investigation of H2 combustion by utilising a 

numerical model which was validated with experiments conducted by Sementa et al. 

[61]. Similar to the results of Hailin and Kharim [57] depicted in Figure 2-7, Sementa et 

al. [61] for MBT during naturally aspirated conditions at λ=1.3 a spark timing of 10° CA 

BTDC was obtained when using a CR of 11.5. On the other hand, Demuynck et al. [62] 

utilised later ignition advances varying from 5 to -15° CA BTDC whilst analysing heat 

flux. Additionally, at leaner mixtures of λ=2.5 Rrustemi et al. [60] obtained a ST of 20° 

CA BTDC for MBT while Hailin and Kharim [57] utilised later spark timing of 15° CA 

Figure 2-8: Peak Cylinder pressure as a function of spark timing for different H2 flow rates [58]. 
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BTDC to obtain MBT. Such a small difference in spark timing might have occurred due 

to differences in the engine speeds and CRs. 

Lindqvist and Overby [63] referred to Al-Baghdadi [64] which through simulation 

provided a general idea of how optimal ignition timing varied according to engine load 

and speed. It was concluded that for lower loads, the ignition timing would occur over 

an earlier range between 18 to 26° CA BTDC and a later range between 10 to 18° CA 

BTDC for medium to full loads. Moreover, Lindqvist et al. [63] emphasised, these data 

findings can only provide a vague overview of the available window for optimal ignition 

timing since ultimately the ignition timing can heavily vary between engine 

configurations and geometry. Similar to Hailin and Kharim [57], Al-Baghdadi [64] 

numerically investigated through simulation the effects of CRs and SI timing and 

similarly derived the conclusion that as CR increases, ignition has to be set closer to 

TDC. This retardation is necessary due to the higher pressures and temperatures in the 

cylinder as well as high flame speeds which causes favourable ignition conditions due 

to the high CRs. Al- Baghdadi [64] presented a range between 4 and 20° CA BTDC for 

a CR between 12 and 6:1. Also as ∅ approached unity, the ignition timing had to be 

closer to TDC at a specific CR when compared to lower and higher ∅. Similarly, Al- 

Baghdadi [64] commented that deviations from the stoichiometric ∅ necessitate timing 

adjustments since lean mixtures reduce flame temperatures and combustion velocity. 

Rich mixtures limit available oxygen for combustion, while lean mixtures lower energy 

density, both resulting in slower flame speeds and delayed combustion progression [64]. 

Figure 2-9: Characteristic combustion periods (CA10, CA50 & CA90) 

obtained at 1500 RPM engine speed and low load conditions for various 

λ values [59]. 



Chapter 2. Literature Review 

29 

 

The need of spark timing with different ∅ was further investigated by Verma [65] by 

generating in cylinder pressure data using a numerical simulation model of an engine 

having a CR of 9.5 at different engine speeds whose results are depicted in Figure 2-10. 

As expected with an increase in engine speed the spark timing is advanced drastically 

since the time required to cover same angular distance decreases. This advance in spark 

timing is more pronounced during lean mixtures rather than during rich mixtures which 

can be used to explain the similarities and differences in ST obtained by Hailin and 

Kharim [57] and Rrustemi et al. [60] during rich and lean mixtures.  Verma et al. [65] 

also emphasised that for H2 ICEs during stoichiometric conditions a lower spark timing 

between 0 to10° CA BTDC is required when compared to gasoline fuelled SI engines. 

 

Furthermore, Verma [65] commented that when the spark timing was advanced BTDC, 

the HRR also advanced showing earlier combustion of the fuel-air mixture, hence the 

combustion process started before the completion of the compression stoke and 

Figure 2-10: MBT timing against equivalence ratio [65]. 
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continued in the expansion stroke. In addition, as spark advances the work required for 

compression increases but peak pressure also increases. In some instances, later timings 

would be beneficial since enough energy would be provided during the expansion stroke 

when the crank shaft leverage is high and peak pressure can use this advantage to 

produce higher expansion work resulting in greater torque output. However, if the spark 

timing is progressively delayed towards TDC, the compression work decreases however 

the peak pressure also decreases and takes place later during the expansion stroke. With 

too late spark timings the peak pressure would decrease to a certain extent which cannot 

be compensated by the higher crank shaft leverage resulting in a reduced total expansion 

work. The authors [65] also highlighted the parameters on which the optimum spark 

timing would depend upon; the rate of flame development (flame speed), path of the 

flame in combustion chamber and flame termination process after reaching the wall. 

These parameters surely differ when using different fuels and will directly affect the 

Mass Fraction Burned (MFB) crank angle values at different speeds and ∅. Verma [65] 

concluded that for stoichiometric mixtures the crank angle position of 50% MFB for 

petrol was of 10° Crank Angle (CA) After Top Dead Centre (ATDC) and changed to 0-

1° CA ATDC during H2 fuelled internal combustion engines due to the high burning 

rates of H2 combustion.  

To reduce undesired auto ignition when using H2 fuel, Ceper [66] commented on how 

the ignition system needs to have a low residual charge. H2's high-pressure insulating 

properties necessitate the use of spark plugs with smaller spark gaps with an optimal gap 

of 0.4 mm to reduce ignition voltage and residual energy compared to conventional 

petrol engines which commonly employ a gap of 0.8 mm [67]. This design helps to avoid 

challenges like voltage spikes improving the combustion reliability of the H2-fuelled 

engines. Further reductions in residual energy can be achieved through optimised 

grounding systems or modified ignition cable resistance. Importantly, platinum 

electrodes should be avoided to prevent catalytic reactions with H2 [68] that would create 

localised hotspots, which shortens the engine’s lifetime. 
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2.5.3 Combustion Burn Duration 

Negurescu et al. [69] conducted experiments at an engine speed of 3000 RPM at wide 

open throttle. From the extensive data collected, a graph of burning combustion duration 

in degrees Relative to After Compression (RAC) with varying lambda depicted in Figure 

2-11 was composed. It is evidently shown that for leaner mixtures, the burn duration 

lengthens considerably. Such results can be indirectly related through the various Heat 

Release Rate (HRR) profiles found by Molina et al. [59] which were found to flatten and 

widen under diluted conditions. This behaviour aligns with findings that lower flame 

propagation velocity and disrupted flame structure contribute to prolonged combustion 

phases. 

 

In addition, Aljabri et al. [70], performed similar investigations through CONVERGETM 

simulation software and presented a graph depicted in Figure 2-12 of burn duration 

(CA90-CA5) with CR at a lean mixture of  λ=2.85 and spark timing of 5° CA ATDC. It 

is evidently seen that CRs have a great impact on the burn duration of the air to fuel 

mixture. With high CRs of around 16.5 the burn duration is almost completely avoided 

when compared to a burn duration of 10° CA at CRs of 11.5. This difference in burn 

duration would ultimately require the need of spark timing optimisation especially 

during stoichiometric mixtures. As outlined by Hailin and Kharim [57] in Figure 2-7 

when utilising lean mixtures, the adjustment in spark timing is not as significant.   

Figure 2-11: Burning combustion duration versus λ at wide open throttle [69].  
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Among the previously mentioned work by Rrustemi et al. [60], a graph depicting burn 

duration against lambda for different MAPs is shown in Figure 2-13. It is evident that 

an increase in MAP prolongs the burn duration only at lean mixtures above a λ=1.5, 

compared to lower MAP values. For richer mixtures, variations in MAP do not 

significantly affect burn duration. This behaviour at lean mixtures is expected due to 

reduced burn velocities associated with slower laminar flame speeds.  

 

Figure 2-12: The variation of combustion duration with CR [70]. 

Figure 2-13:The variation of burn duration with λ for different MAPs [60]. 
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2.5.4 Heat loss and blow-by 

Heat transfers from the combustion gases to the engine walls greatly affects the 

efficiency and power output in internal combustion engines. Based on the experimental 

setup described by Demuynck et al. [62], the heat loss of different fuels was investigated. 

Amongst the multiple results deduced Figure 2-14 depicts the variation of heat flux when 

the throttle position and CR was changed. 

 

 

 

 

 

 

 

 

The authors [62] commented that during a partially closed throttle, the turbulence 

created improves the mixing of air and fuel, which leads to more efficient combustion 

over a larger area. This enhanced mixing can cause a higher heat flux than that 

experienced at wide open throttle because the combustion is more evenly distributed and 

the flame interacts more effectively with the combustion chamber surfaces. However, 

at wide open throttle, although there is less turbulence and mixing may be less intense, 

the engine receives a much larger amount of air and fuel. This results in a higher overall 

combustion temperature and greater total energy release which contrary to expectations 

results in a lower heat flux according to Figure 2-14. This turbulence of the ingoing flow 

created by the throttle position was less noticed during the H2 experimentation and can 

be explained from the high diffusivity in air of 0.63 cm2s-1 which results in a more 

uniform mixture formation [65]. The extended duration of fuel injection might also 

influence the extent of mixing between the fuel and air [62]. When the CR was increased, 

Figure 2-14: The variation of the maximum heat flux with Throttle Position (TP) and Compression 

Ratio (CR) for different fuels [62]. 
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it resulted in an increase of heat flux for H2, methane and methanol. The effects of the 

ignition timing and air-to-fuel ∅ on the maximum heat flux are plotted in Figure 2-15. 

 

For petrol, methane and methanol as ignition was advanced, at stoichiometric conditions 

the heat flux is seen to increase due to a higher peak gas temperature. Similar 

stoichiometric experiments of H2 were not able to be performed due to the occurrence 

of abnormal combustion. Hence, lean H2 mixtures had to be used which resulted in a 

higher peak heat flux even during advanced ignition timings. The heat flux is seen to be 

more affected when the AFR is changed. H2’s heat flux seems to vary linearly with air 

to fuel mixture when compared to the other fuel graph profiles. It is also important to 

notice that at leaner mixtures, the heat flux of H2 seems to be similar to the peak heat 

flux obtained from the other fuels. The authors [62] commented that stoichiometric H2 

experiments will be carried out and the heat flux is expected to be three times higher 

than that of the other fuels. This high heat flux of H2 might be mainly caused due to the 

small quenching gap of H2, 0.6 mm compared to the higher 2 mm quenching gap of 

petrol [71]. Hence, during H2 combustion the flame diminishes closer to the internal 

cylinder walls increasing the temperature gradient between the hot gases and the cooler 

wall surface encouraging heat transfer.  

Pipitone and Beccari [72] during his evolution of the TDC determination method, 

commented on how besides the capability of the cylinder walls to exchange heat with 

the gas, the thermal energy within the mass leaked through the valve seats and piston 

Figure 2-15: The variation of the maximum heat flux with ignition timing and 𝜆 [62]. 
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rings also need to be taken into account. The authors [72] sum up these two losses 

through determination of the “Loss Function” through evaluation of entropy variations 

and mass leakage by means of volume and pressure values. The thermodynamic loss 

angle was also mentioned by Caruana [73] during the formation of a one-dimensional 

simulation model of heat transfer analysis who commented that blow-by flow typically 

exerts a minimal influence on the loss angle compared to heat transfer. To incorporate 

this flow within the model, Caruana [73] referred to Pipitone and Beccari [72]  and 

incorporated an orifice-type valve in each cylinder to account for the blow-by effects. 

These effects were also investigated by Rahmani et al. [74], who focused on the impact 

of H2 combustion on the dilution and degradation of engine lubricants, as well as on the 

tribological behaviour of engine contact interfaces. The results deduced by Rahmani et 

al. [74] are depicted in Figure 2-16 where the mass flow rate of gas through the piston 

ring-pack crevices of H2 fuelled engines are plotted against crank angle.  

During both PFI and DI fuel delivery systems measurements were taken during 

stoichiometric AFR testing. Rahmani et al. [74] also investigated the differences in 

blow-by gases between petrol and H2 experiments with DI fuel delivery at stoichiometric 

conditions. In the obtained results, the blow-by of gasses tend to be greater during H2 

operation when compared to petrol operation as depicted in Figure 2-16. This higher 

amounts of blow-by gases are mainly attributed to the higher in-cylinder pressures and 

temperatures produced during H2 combustion [74] under stoichiometric conditions. The 

negative mass flow depicted in Figure 2-16 refers to the back flow of gas which takes 

place during the power stoke as parts of the gas flow to the back of the rim of the top 

compression ring and return to the combustion chamber. The authors [74] also 

mentioned that the type of fuel injection used also affects the quantity of blow-by gases, 

with PFI appearing to produce a lower quantity of blow-by gases compared to direct fuel 

injection. 
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2.6 Engine Knock in Dual-Fuel Engines  

2.6.1 Spark knock  

During the compression of the unburned “end-gases” in an engine cylinder ahead of the 

flame front propagating across the combustion chamber, the temperature rises due to 

compression heating, leading to the initiation of pre-flame reactions [49]. These 

undesired pre-flame reactions are referred to as spark knock [75]. If conditions allow for 

sufficient time and temperature, rates of reaction increase causing these gases to self-

ignite before the flame front, generating shock waves and high-pressure spikes. In most 

instances, the generated shock waves induced by knocking are of an acoustic nature and 

propagate in all directions within the combustion chamber [76]. Riccardo [13] describes 

knock as “the setting up within the cylinder of a pressure wave travelling at so high a 

velocity as, by its impact against, the cylinder walls, to set them in vibration and thus 

give rise to a high-pitched “ping”. Such shock waves can cause damage to the engine 

and disrupt the quenching boundary layer of gas formed on the combustion chamber 

walls. This disruption is referred to as ‘scouring’ by Riccardo [13] who in his classic 

manuscript mentioned that it serves as the main contributor to increased heat fluxes 

rather than the elevated gas temperature.  

Figure 2-16: The variation of the mass flow rate through piston pack crevices during stoichiometric 

mixtures of H2 and petrol for a single cylinder [74]. 
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Such increase in heat flux has been measured to be between two to three times the normal 

heat transfer [49]. Riccardo [13] also noted that the developing flame front is unsmooth 

due to the presence of turbulence causing the flame to proceed more rapidly and as a 

ragged flame front. The incidence of detonation of the end gases depends firstly upon 

the degree of heating and compression that the unburnt gas can endure; the chemical 

nature of the fuel itself referred to as the octane rating [28]. It also depends upon the 

opportunities that the unburnt mixture has to get rid of the heat given off by the 

propagating wave front. Hence, the propagating distance plays a crucial role in affecting 

the amount of absorbed heat and giving sufficient time for the reactions in the fuel to 

take place. Riccardo [13] insists that such detonation is dependent upon the degree of 

turbulence where such an effect can have positive effects; assist the unburnt gases to get 

rid of its heat and affect the advance of the flame front. However, the turbulence might 

also increase the amount of radiated heat due to the ragged flame front profile.  

Unlike knock in SI engines which is mostly prominent at lower engine speeds and higher 

loads [76], spark knock in DFEs is seen to decrease with increased load [75]. The reason 

for this behaviour might be due to the reduction in the delay period [75] affecting the 

aforementioned propagation distance. Although difficult to quantify, several techniques 

such as stroboscopic observation through quartz windows in the combustion chamber 

indicate that the detonation of 5% or less of the total charge can lead to severe knock 

which if persistent will cause erosion of the piston crown. Syrimis and Assanis [76] 

conducted experimentation on heat transfer measurement of the piston where two knock 

intensity levels were obtained at a cylinder head coolant temperatures of 50°C and 80°C. 

The authors [76] concluded that a linear variation of heat flux with knock intensity 

occurs at locations with the same heat transfer mechanisms. In addition to this 

conclusion, Heywood [49] further concludes that the tendency for knocking is affected 

by several factors such as high CRs, elevated charge temperatures, heat spots, advanced 

ignition timing, and prolonged combustion. 

2.6.2 Diesel knock  

The fundamental aspect of knock combustion in dual-fuel diesel engines relies on the 

fact that sources of self-ignition can arise not only at the interface between the injected 

stream of diesel fuel and the charge filling the combustion chamber but also within the 

ambient compressed air and gaseous mixture [77]. This auto ignition would often take 
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place during the pre-mixed combustion phase, where due to ignition delay the gaseous 

mixture has mixed well with air but not yet ignited with the pilot fuel. Thus, in certain 

circumstances self-ignition can spontaneously occur in these regions. When self-ignition 

occurs in DFEs such as that within an air-methane mixture, it leads to an uncontrolled 

knock combustion process, disrupting the regular combustion necessary for proper 

operation of CI engines. It is important to mention that the maximum SR in a DFE is 

limited by the engine resistance to knock combustion. Methane has a relatively high 

RON (RON>100) [77] and therefore it is commonly used in SI engines with CRs around 

10. In CI engines, usually the average value of the CR is approximately 17 which results 

in combustion chamber conditions that are not optimal for the use of this fuel. The low 

cetane value of methane would result in delayed ignition and extended ignition delays. 

For this reason, methane cannot be added in large quantities to a CI engine [77]. 

Żółtowski [77] performed experiments and for an engine speed of 1800 RPM, plotted 

the cylinder pressure against crank angle for different SRs (β) as depicted in Figure 2-17. 

 

 

Figure 2-17: The variation of the in-cylinder pressure with crank angle for various 𝛽𝑠 of methane in fuel 

(n=1800 RPM, T=200 Nm) [77]. 
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The author [77] noted that with an increase in methane fuel, the content of diesel pilot 

fuel decreases leading to a limited number of places where self-ignition can occur and 

from where the flame spreads through the mixture inside the cylinder. From Figure 2-17 

it is evident that the first symptoms of knock combustion can be noticed when the SR of 

methane is larger than 50% (β > 50%). The curve representing the highest SR of β = 

65.9 suffered from knock combustion through the visible characteristic saw-tooth wave. 

Additionally, Nwafor [75] observed knock combustion characteristics at similar SRs 

during dual-fuel operation (diesel and natural gas). The author [75] also noted that dual- 

fuel operation suffered from long ignition delays having a Start Of Combustion (SOC) 

Before Top Dead Centre (BTDC) of 5.8° CA compared with 10.8° CA for pure diesel 

operation. It was concluded that in dual-fuel operation, during the extended ignition 

delays, the fuel system would still be delivering fuel, hence large quantities of premixed 

fuel would be present before auto ignition eventually occurs. Similar conclusions to 

those of Żółtowski [77] were reached by Nwafor [75]; the degree of knocking in DFE 

configurations is dependent upon the extent of the substitution fuel. Additionally, at 

higher engine speeds, this phenomenon is expected to be more pronounced due to 

extended ignition delays.  

2.7 Solutions to Combustion Abnormalities 

Due to experienced combustion abnormalities Riccardo [13] presented a list of 

appropriate mechanical designs which were derived upon the mechanisms of detonation. 

Some of which include:  

• Designing a small combustion chamber and placing the sparking plug in 

appropriate position in order to reduce the length of the flame travel.  

• Keeping the exhaust valves cool and positioning them far away from the end 

gases. 

• By generating a consistent high intensity of turbulence in every cycle which 

results in a smooth operation and reduce the overall heat loss.  

Besides these mechanical designs alternative fuels and other techniques specifically 

intake cooling can be used.  



Chapter 2. Literature Review 

40 

 

2.7.1 Knock mitigating fuels 

Although not discovered by theory, from experimentation with multiple alternatives, 

both thallium and lead when introduced with gasoline are highly effective in reducing 

engine knock [13]. These elements can either have a finely divided metallic form or 

contain organic salts which are soluble in gasoline. In certain hydrocarbon fuels more 

than others, the effect of supressing detonation is more predominant. The presence of 

lead reduces the concentration of both peroxides and aldehydes. Riccardo [13] 

performed multiple tests on a “E6” variable-compression engine and compared the 

concentration of peroxides in parts per million. The addition of lead in high-octane petrol 

which typically detonate at CRs around 9.5:1 reduced the peroxide concentration from 

a maximum of 30 to only about 17 parts per million. Due to its toxicity, many developing 

countries have banned its use in gasoline as an antiknock agent [78]. Having said that, 

it is important to note that lead remains permitted and is still used as an anti-knock 

additive in the aerospace industry [79].  

Zhuang et. al [80] investigated the effect of ethanol DI on knock mitigation. Ethanol is 

classified as a biofuel which is derived from sugary-rich plants, starchy material and 

other plant-based feedstocks [81]. Amongst the many advantages of a DI system in part-

load fuel consumption and full-load torque output, it provides effective charge cooling. 

This charge cooling provides multiple benefits such as increase in volumetric efficiency, 

power output and primarily engine efficiency by mitigating engine knock. The authors 

[80] concluded that ethanol DI was more effective in reducing knock than GDI. Similar 

conclusions were drawn by Kasseris and Heywood [82] where the authors emphasised 

the fact that ethanol has a high latent heat of vaporisation when compared to traditional 

fuels such as gasoline. The configuration of a GDI engine results in a reduction of about 

10 K in the charge temperature, which is approximately equivalent to an increment of 5 

units in the RON. When ethanol is direct injected instead of gasoline, the latent heat of 

vaporisation is three times greater and the charge temperature reduces by 50K. Similar 

to ethanol, methanol is also a common practise used for mitigating detonation because 

of its high latent heat of evaporation [83]. This fuel is mostly utilised in SI engines due 

to its high-octane rating and lean flammability limits. Although implementing methanol 

in CI engines is highly advantageous, due to its lower NOx and sulphur compounds, 

ignition of this fuel is challenging because of its long ignition delay and low cetane 

number [83]. 



Chapter 2. Literature Review 

41 

 

Alisaraei and Asl  [81] performed a study on a six-cylinder CI engine which involves 

the comparison of pure diesel fuel with mixtures of ethanol concentrations of varying 

from 2 to 12%. Results showed that an average increase of 3.8% in torque and power 

was found when operating on a fuel blend with a concentration of 6% ethanol (D94E6) 

in comparison with diesel only operation. This increase in torque can be explained due 

to the increase in the percentage of dissolved oxygen. The percentage of dissolved 

oxygen in the fuel blends ranges from 0% for D100 (2% ethanol) to 3.97% for the 

D88E12 (12% ethanol) blend [84]. However, contrary to expectations, increasing 

concentrations of ethanol do not lead to improved performance. It was observed that by 

using the fuel blend of D88E12, the combustion quality declines due to the tendency of 

the mixture to become more heterogeneous [81]. Ethanol and diesel fuel cannot be 

precisely categorised as either miscible or immiscible. However, at higher 

concentrations of ethanol, they tend to be immiscible, which is influenced by the 

temperature of the mixture. Although, some ethanol can be dissolved in diesel fuel at 

room temperature, a decrease in temperature causes the solution to separate into two 

distinct phases [84]. In fact, it was reported that more shocks (sudden peak pressures) 

are experienced with increasing amounts of ethanol percentage. Such conclusion was 

based upon the increase of 4.75% in the RMS and 7.75% increase in kurtosis of the 

vibrations measured on the engine block [81]. The kurtosis value is dependent upon the 

fuel blend while the RMS value is more sensitive to the engine speed. Hence, despite 

the increase in power and torque, more shocks were created causing irregularities in 

engine performance. In addition, the author emphasised how the increase in ethanol 

concentration more than 8% in diesel fuel causes an increase in the ignition delay 

altering the in-cylinder pressure resulting in knock.  

2.7.2 Cooling of intake air 

Several studies [85] [86] [87] where performed on different engines to investigate the 

relation of charge intake temperature and engine knock. During natural gas operation, 

lean AFRs are commonly employed since such conditions mitigate the knocking 

tendency of the engine and facilitates the use of higher CRs [85]. However, as lambda 

increases, the flame speed and combustion temperature are decreased increasing 

combustion instability. During these lean operating conditions, NOx emissions increase 

and richer AFRs are forced to be used. Thus, additional measures need to be employed 

such as EGR or water injection. As seen in Figure 2-18, water has higher variations of 
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heat capacities with temperature when compared to N2, O2, CO2 (remaining main 

components of exhaust gas). 

Due to the high heat capacity of water, active cooling of the aspirated charge is 

commonly used due to the endothermal process of evaporating water inside the intake 

manifold. Consequently, the mixture temperature at the end of compression is also 

lowered, thereby reducing the knock tendency during middle and high-load operating 

points.  

Lakshmanan et al. [86] utilised water injection technology on an acetylene-diesel DFE. 

The implementation of this technology led to a decrease in brake thermal efficiency of 

3% for the same acetylene flow rate when compared to diesel only operation. This was 

attributed to the decrease in combustion temperature at the end of the compression stroke 

which permitted a greater fuel portion to escape the combustion process as a result of 

quenching effects. At full load, the exhaust gas temperature decreased to 259 °C 

compared to 444 °C during diesel engine operation. 

 

Figure 2-18: The variation of the specific heat capacity at constant volume of several gases with 

temperature when p= 37 bar [85]. 
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Additionally, Ghazal [87], performed a numerical analysis by using GT-Power 

professional software on a single cylinder dual-fuel CI model running on diesel and H2 

coupled with water injection. The author [87] reported an 8% decrease in the in-cylinder 

temperature resulting in a 50% reduction in NOx emissions. It was also reported that the 

delay period of maximum cylinder pressure increased with water injection due to the 

reduction of the inlet temperature. The maximum cylinder pressure was obtained when 

simulating engine speeds between 2000 and 3000 Revolutions Per Minute (RPM) and 

the lowest peak pressure occurred during the higher engine speeds. This phenomenon 

was attributed to insufficient time needed for cooling of the in-cylinder charge. Adnan 

et al. [88] reported similar outcomes and further confirmed that the presence of water in 

the mixture delays the onset of combustion consequently affecting the maximum in-

cylinder pressure accordingly. Ghazal [87] emphasised the importance of correct timing 

of diesel injection when using water injection since it highly affects engine performance 

and emission characteristics. Further investigations were carried out by varying the 

engine speed and also the diesel injection timing. As seen from Figure 2-19a up to 

medium engine speeds (3000 RPM), the pressure increased and decreased rapidly with 

further increase in engine speed. Conversely, the combustion temperature appears to 

increase with engine speed driven by the enhanced flame propagation of the H2 fuel 

flame and accelerated combustion. Based on Figure 2-19b, increasing the injection 

timing results in a corresponding increase in the maximum in-cylinder pressure as the 

combustion is shifted closer to TDC. This mitigates the expansion into the power stroke 

avoiding pressure losses observed with the -20° CA injection timing.  

 

Figure 2-19: Effect of different engine speeds on a) cylinder temperature b) cylinder pressure [87]. 
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The author [87] concluded that the implementation of the water-cooling technique 

necessitates adjustments in the diesel injection to reduce the chance of engine knock to 

take place. To increase the rate of change of the intake temperature, cryogenic liquids 

such as LNG can be used where the rate of heat transfer between the hot cylinder walls 

and the intake air is accelerated. This causes an increase in the effective polytropic 

exponent of compression. The primary consequence is a significant reduction in the final 

compression temperature, as a result of the lower initial temperature at the beginning of 

the compression stroke [41]. Consequently, the reduced compression temperature will 

negatively impact the fuel vaporisation during the initial stages of the delay period, 

leading to a delay in the diffusion of lighter fuel components into the air and in the 

initiation of pre-ignition chemical reactions. Karim [41] through thermodynamic 

calculations involving the combustion of methane and air, revealed that the flame 

temperature is less sensitive to lower reactant temperatures during stoichiometric and 

rich mixtures than when compared during lean mixture conditions, as demonstrated in 

Figure 2-20. 

Figure 2-20: Variation of the calculated peak temperature after adiabatic 

combustion of a homogeneous methane-air mixture as a function of the 

initial mixture temperature for three ∅ at atmospheric pressure [41]. 
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Furthermore, Karim [41] observed that a reduction in the intake mixture temperature 

had significant adverse effects on the ignition of pilot fuel in air at low gaseous 

concentrations. The same amounts of pilot fuel that successfully ignited the same 

mixture at room temperature led to complete ignition failure during low-load operation 

with a cold intake temperature whereas successful ignition was achieved at high loads.  

The decrease in intake temperature adversely affects the already poor combustion 

efficiency associated with lean fuel mixtures. This reduction in combustion efficiency is 

attributed not only to the increased cooling effect of the cold intake temperature but also 

to the narrowing of the effective lower flammability limit. As a result, only a limited 

amount of gaseous fuel near the ignition sites participates in the combustion process, 

leading to the production of partial oxidation products and unburned gaseous fuel in the 

exhaust. 

2.8 Recent University of Malta Research on Dual-Fuel and H2 Engines 

As internal combustion engines are shifting to H2 fuels, one must properly analyse the 

combustion characteristics of this fuel. As evident in Section 2.5, numerous studies were 

presented and compared to investigate the combustion behaviour of this currently 

developing fuel. The results obtained from this dissertation will be compared to these 

studies. Currently at the thermodynamics laboratory at the university of Malta H2 

combustion tests were conducted on the J.A.P. 6 engine setup. Several different projects 

were performed on this engine however first H2 tests were conducted by Portelli [89]. 

During the investigation a test matrix was compiled consisting of two fuels; H2 and 

petrol, where power tests were performed to compare performance of the same engine 

whilst utilising different fuels. During the tests in-cylinder pressure measurements were 

conducted to allow the exploration of different combustion characteristics. Prior to these 

investigations, lean H2 combustion was explored by Fenech [90] who improved the setup 

to allow proper indication of the fuel mixture during testing. Unlike Portelli [89], besides 

petrol and H2, Fenech [90] made use of propane so that the gaseous fuel supply could be 

cross checked between propane and H2 use. Similarly, power tests were performed at 

different fuel mixtures and comparison was made between the three different fuels. 

Continuation of this H2 experimental investigation would provide substantial amount of 

knowledge to enable such a fuel to be implemented into the dual-fuel setup found at the 

same university. The dual-fuel setup was recently utilised by Azzopardi [91] who 
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performed multiple tests to investigate engine knock in DFEs while also highlighting 

optimal engine parameters for best efficiencies at different operating conditions. 

Simultaneously, Scicluna [92] made use of this knock detection system during the 

investigation of Water/AdBlue port injection while also studying the impact of this 

medium in reducing NOx. As outlined by Azzopardi [91] and Scicluna [92] engine 

knock is likely to take place when operating in loaded conditions; increasing of in-

cylinder pressure and temperature [75] as depicted in Figure 2-21 [93]. 

Among the various parameters influencing engine knock combustion, peak combustion 

temperature is a key factor. Numerous studies [83] [82] have demonstrated that the 

reduction in knock observed with different fuels is attributable to variations in their 

latent heat of vaporisation, which directly impacts the peak combustion temperature. 

With the rapid growth in the use of LNG within the power industry, especially in heavy-

duty vehicles, there is an increasing trend toward adopting LNG as a fuel for the internal 

combustion engine [27]. Although, this approach gives the opportunity to utilise the high 

latent heat of evaporation of LNG, which exceeds that of the conventional petrol and 

diesel fuels, the common practise is to first convert it into gaseous state before injecting 

it. This exact setup was built at Malta’s Dellimara power plant, where LNG stored on 

the floating storage unit is converted into natural gas and then supplied to the D3 and 

Figure 2-21: Operating window of a DFE showing BMEP versus air/fuel ratio with regions of knock, misfire 

and optimal combustion [93]. 
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D4 power stations [94]. In addition, Procházka et al. [95] investigated liquid propane 

injection; however, the injector nozzle was electrically heated to vaporise the fuel, which 

eliminated its ability to cool the combustion temperature. On the contrary, if the fuel is 

injected directly into the combustion chamber or into the intake manifold in its liquid 

form rather than in its gaseous state, it would absorb heat from the surrounding 

environment during vaporisation. This phase change reduces the combustion 

temperature, which helps to suppress engine knock as evidently seen from numerous 

studies mentioned in Section 2.7.2.  

2.9 Review Rationale 

The literature review comprehensively explored the opportunities and challenges 

associated with dual-fuel engines in the engine industry, emphasizing their potential 

during the transitional phase toward H2 integration. A significant research gap was 

identified regarding the use of cryogenic liquid fuel injection specifically LNG to 

harness the latent heat of evaporation as a strategy for knock reduction in dual-fuel 

engines. This gap aligns with findings from previous studies indicating that knock 

occurrence at high engine loads is strongly influenced by intake air temperature, which 

can be effectively lowered through the evaporative cooling effect of the injected liquid 

fuel. Such insights motivated the experimental focus on liquid fuel injection techniques, 

particularly the use of liquid propane, to leverage these knock-mitigating effects. This 

approach aims to improve engine performance and durability while facilitating smoother 

transitions toward H2 integration in dual-fuel engine technologies. 

A considerable emphasis was placed on H2 combustion, specifically the importance of 

optimising spark timing for achieving optimal performance in H2-fuelled SI engines. 

Investigations into burn duration, heat loss, and blow-by effects were also conducted. 

This comprehensive review laid the foundation for the experimental work presented in 

this dissertation, which involves the study of H2 combustion in SI engines compared to 

petrol and propane. Notably, the review highlighted evidence of the need of variation of 

spark timing (even late spark timing in the region of ATDC) prompting the development 

of a zero-dimensional combustion model to better explain this phenomenon. This 

research was pivotal for expanding the understanding of H2 combustion and will 

facilitate the effective integration of H2 into future dual-fuel engine systems. 
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Chapter 3. Analytical Methods for Combustion 

Characterisation                                                              

This chapter presents analytical methods used to analyse selected aspects of combustion 

obtained from experiments. Specifically, it discusses the used theories related to 

combustion characterisation derived from the post-processing of the H2 tests. Within this 

chapter, related theoretical approaches are compared and critically evaluated, leading to 

the selection of the most suitable theory to be applied to achieve the results presented 

later in Chapter 6.  

3.1 Net Heat Release Rate 

The net HRR method presented by Heywood [49] and Stone [96]  was employed by 

using (3.1). The net HRR analysis is used in an ICE for quantifying the energy released 

(with crank angle) during combustion. It is applied to both SI and CI engines [96]. This 

method calculates the rate of energy required by the cylinder to generate the observed 

pressure variations, based on well-established assumptions regarding the combustion 

process. One assumption refers to the crevice regions such as the volume between the 

pistons, rings and cylinder walls which amounts to a few percent of the clearance 

volume. Although the gases in these crevices are cooled close to the wall temperature, 

resulting in increased density, their relatively small volume means that heat transfer 

within these crevices is typically neglected [49]. Another assumption is that the contents 

inside the combustion chamber are treated as a single zone; reactants and products are 

completely mixed. Furthermore, there are no differences in the properties of the reactants 

and products, and the temperature is assumed to be uniform throughout the system [96]. 

When plotting the net HRR, the polarity of the curve is initially negative, implying that 

heat is being transferred to the cylinder surfaces. From such a curve, one can determine 

the position of ignition, which occurs near the point of minimum cumulative heat 

release. The minimum cumulative heat release occurs at the zero-crossing of the net 

HRR which ultimately corresponds to the SOC in a diesel engine due to the rapid 

combustion of the pre-mixed reactants [96]. However, in SI engines the minimum net 

HRR is not well-defined due to the initial low rate of combustion. As combustion nears 

its end, the heat transfer to the combustion chamber exceeds the heat generated by the 
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combustion process. As a result, the net HRR decreases, indicating that the total amount 

of heat being released begins to diminish. This phenomenon can be employed to indicate 

the point at which combustion will be completed. The net HRR (
𝑑𝑄𝑛𝑒𝑡

𝑑𝜃
) presented in (3.1) 

[97] is defined as the rate of energy released during combustion. Where p represents the 

in-cylinder pressure and V denotes the instantaneous cylinder volume, where all 

parameters are a function of crank position (𝜃). The cylinder volume was calculated by 

using the crank-slider relationship presented in (3.2) [98]. 

𝑑𝑄𝑛𝑒𝑡(𝜃)

𝑑𝜃
=  

𝛾

𝛾 − 1
𝑝(𝜃)

𝑑𝑉(𝜃)

𝑑𝜃
+

1

𝛾 − 1
𝑉(𝜃)

𝑑𝑝(𝜃)

𝑑𝜃
(3.1) 

Regarding the specific heat ratio (𝛾), Heywood [49] suggests the use of a polytropic 

index value of 1.3 instead of 𝛾 for most fuels. The numerical differentiation of volume 

and pressure with respect to crank angle was determined by using (3.3) and (3.4), 

respectively. 

𝑉(𝜃) =  𝑉𝑐 +
𝜋

4
𝑑𝐵

2 (𝐿 + 𝑅 − 𝑅 cos 𝜃 − √𝐿2 − 𝑅2 sin2(𝜃)) (3.2) 

Where 𝑉𝑐 is the clearance volume, 𝑑𝐵 is the bore diameter, L is the connecting rod 

length (𝐿 = 2𝑎) and 𝑅 =
𝐿

𝑎
 where 𝑎 is the crank radius 

𝑑𝑉(𝜃)

𝑑𝜃
=

(𝑉𝑖+1 − 𝑉𝑖−1)

(𝜃𝑖+1 − 𝜃𝑖−1)
(3.3) 

𝑑𝑝(𝜃)

𝑑𝜃
=

(𝑝𝑖+1 − 𝑝𝑖−1)

(𝜃𝑖+1 − 𝜃𝑖−1)
(3.4) 

Equation (3.5) is another approach which was developed by Pipitone and Beccari [72]. 

As correctly observed by Caruana [73], (3.5) is an improvement over (3.1), as it accounts 

for energy losses due to blow-by effects by incorporating an additional term that deducts 

this energy from the heat released by the fuel, resulting in a more accurate 

representation. 

𝑑𝑄𝑛𝑒𝑡(𝜃)

𝑑𝜃
=

𝛾

𝛾 − 1
. 𝑝(𝜃).

𝑑𝑉(𝜃)

𝑑𝜃
+

1

𝛾 − 1
. 𝑉(𝜃).

𝑑𝑝(𝜃)

𝑑𝜃
−

𝛾(𝜃)

𝛾 − 1
.
𝑝(𝜃)𝑉(𝜃)

𝑚𝑎𝑖𝑟(𝜃)
.
𝑑𝑚𝑏(𝜃)

𝑑𝜃
(3.5) 
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Where, the blow-by gases (𝑚𝑏) are approximated by using (3.6) [73], representing the 

flow through an orifice during chocked conditions.  

𝑑𝑚𝑏(𝜃)

𝑑𝜃
= 𝐴𝑜𝑟𝑖𝑓𝑖𝑐𝑒

√𝛾. 𝑚𝑎𝑖𝑟

𝑝(𝜃)

𝑉(𝜃)
. (

2

𝛾 + 1
)

𝛾+1
𝛾−1

 𝑤ℎ𝑒𝑛 (
𝑝𝑐𝑟𝑎𝑛𝑘 𝑐𝑎𝑠𝑒

𝑝
) < (

2

𝛾 + 1
)

𝛾
𝛾−1

(3.6) 

It should be noted that Rogers [97] presented a similar relationship for net HRR 

presented in (3.7), as outlined in the AVL Engine Indicating Handbook [99], with the 

primary difference being of a constant K multiplier.  

𝑑𝑄𝑛𝑒𝑡(𝜃)

𝑑𝜃
=

𝐾

𝛾 − 1
(𝛾𝑝(𝜃) (

𝑑𝑉(𝜃)

𝑑𝜃
) + 𝑉(𝜃)

𝑑𝑝(𝜃)

𝑑𝜃
) (3.7) 

The K multiplier is introduced because when (3.5) is used all surface losses are neglected 

and the displayed net HRR is lower than the actual gross energy released (by 

approximately 20%). This heat loss is also discussed by Heywood [49] who illustrated 

this concept through Figure 3-1.  

Figure 3-1: The variation of the gross (upper line) and net heat-release 

(lower line) profiles during combustion with crank angle,  showing relative 

magnitude of heat transfer, crevice and fuel vaporisation and heat-up effects 

[49]. 
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The author [49] comments that the injected fuel requires less than 5% of the total 

calorific value to undergo phase change and heat up to typical compressed air 

temperatures. However, when heat transfer is integrated over the entire combustion 

period it accounted for 10 to 25% of the total heat released.  

3.2 Energy Losses  

When evaluating the engine’s energy losses, unburnt fuel, blow-by gases, and heat loss 

together make up the total energy loss. This parameter provides valuable insight into the 

portion of energy which is lost instead of being converted to power. Two different 

approaches were used. 

The first approach, described in (3.8) in which the energy lost is quantified by 

subtracting the energy lost with the exhaust and the power based upon the indicated 

work from the amount of energy available from the injected fuel. This has to be done to 

allow comparison between the two approaches. Otherwise, if the torque obtained from 

the load cell is used, the mechanical inefficiencies of the system would also be 

subtracted. The brake torque measured by the load cell is the effective torque transmitted 

to the load which captures the actual usable power output. The load cell configuration 

and setting up is described by Portelli [89]. 

The second approach presented in (3.9) involves the subtraction of the cumulative net 

HRR from the total energy stored in the injected fuel. To calculate the cumulative net 

HRR, the approach presented in (3.5) is ideally to be used as previously described in 

Section 3.1.  

𝐸𝑛𝑒𝑟𝑔𝑦 𝐿𝑜𝑠𝑠 = 𝐻𝑒𝑎𝑡 𝑔𝑒𝑛𝑒𝑟𝑎𝑡𝑒𝑑 𝑏𝑦 𝑡ℎ𝑒 𝑓𝑢𝑒𝑙 − 𝐻𝑒𝑎𝑡 𝑙𝑜𝑠𝑡 𝑓𝑟𝑜𝑚 𝑒𝑥ℎ𝑎𝑢𝑠𝑡

− 𝐼𝑛𝑑𝑖𝑐𝑎𝑡𝑒𝑑 𝑤𝑜𝑟𝑘  

𝐸𝑛𝑒𝑟𝑔𝑦 𝐿𝑜𝑠𝑠 = 𝑚̇𝑓𝑢𝑒𝑙𝐻 − (𝑚̇𝑓𝑢𝑒𝑙 + 𝑚̇𝑎𝑖𝑟)𝐶𝑝(𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡 − 𝑇𝑒𝑥ℎ𝑎𝑢𝑠𝑡) −
𝑁 ∗ 𝑊𝑖

60
(3.8) 

𝐸𝑛𝑒𝑟𝑔𝑦 𝐿𝑜𝑠𝑠 = 𝑚̇𝑓𝑢𝑒𝑙𝐻 − ∑ (
𝑑𝑄(𝜃)

𝑑𝜃
)

𝑖

𝑖=𝑒𝑛𝑑 𝑜𝑓 𝑐𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛

𝑖=𝑖𝑔𝑛𝑖𝑡𝑖𝑜𝑛

(3.9) 
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Where 𝑚̇𝑓𝑢𝑒𝑙 & 𝑚̇𝑎𝑖𝑟 are the mass flow rate of fuel and air respectively, 𝐶𝑝is the specific 

heat at constant pressure, 𝑁 is the RPM and 𝜏 is the torque. 𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡 & 𝑇𝑒𝑥ℎ𝑎𝑢𝑠𝑡 are the 

temperatures of ambient and exhaust conditions respectively. 

It is important to note that the calorific value (𝐻) employed in both approaches is the 

Lower Heating Value (LHV) as the combustion products exiting the engine contain 

water in the vapour phase. Consequently, the latent heat of vaporisation is not recovered, 

making the LHV a more appropriate measure than the Higher Heating Value (HHV) as 

it more accurately reflects the energy available during engine combustion. 

3.3 Start and End of Combustion 

The SOC cannot be simply defined as the ignition advance due to the unavoidable 

ignition delay [49]. Instead, the SOC can be approximated by analysing the net HRR 

curve, specifically near the minimum point of the cumulative net HRR. The minimum 

cumulative heat release occurs at the zero-crossing of the net HRR which ultimately 

corresponds to the SOC in a diesel engine due to the rapid combustion of the pre-mixed 

reactants [96]. Similarly, the SOC as stated by Heywood [49] is defined as the “change 

in slope of the heat-release rate (from negative to positive) calculated from the cylinder 

pressure data” which corresponds to the minimum net HRR. Furthermore, the End Of 

Combustion (EOC) can be approximated using the same principle. As combustion nears 

its end, the heat transfer to the combustion chamber exceeds the heat generated by the 

combustion process. As a result, the net HRR decreases, indicating that the total amount 

of heat being released begins to diminish. This phenomenon can be employed to indicate 

the point at which combustion will be completed [96]. 

3.4 Ignition Delay 

The ignition delay can be determined through the use of (3.9), which relies on the 

identification of the SOC and ignition advance values. The SOC can be identified 

through the change in gradient of the net HRR as discussed in Section 3.3. Then through 

the ignition advance values the ignition delay can been calculated accordingly. Jet [100] 

mentions that several authors found ignition delay differently but ended using the 

following approach presented in (3.10) where the SOC was identified as the point where 

the net HRR turned positive.  
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𝐼𝑔𝑛𝑖𝑡𝑖𝑜𝑛 𝐷𝑒𝑙𝑎𝑦 = 𝐼𝑔𝑛𝑖𝑡𝑖𝑜𝑛 𝐴𝑑𝑣𝑎𝑛𝑐𝑒 − 𝑆𝑡𝑎𝑟𝑡 𝑜𝑓 𝐶𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛 (3.10) 

Ignition delay is influenced by multiple parameters and experimental results have shown 

that it decreases with increasing engine speed, as well as with increases in pressure, 

temperature, and CR [101].  

3.5 Mass Fraction Burned 

The most influential and widely accepted research on instantaneous energy release 

derived from the pressure curve was conducted by Rassweiler and Withrow in the mid-

1930s. Their experimental study presented in the 1938 technical paper [102] used high-

speed photography to capture the progression of the combustion flame during a single 

engine cycle, correlating these images with cylinder pressure data over time and crank 

angle. Rassweiler and Withrow developed a method to distinguish between the pressure 

changes within the cylinder resulting from combustion and those arising from changes 

in cylinder volume. By isolating the pressure change attributable solely to the 

combustion process and then summing and normalising this value, a direct correlation 

with the percentage of the fuel charge burned (by mass) at each corresponding crank 

angle or time interval was found which is presented in (3.11).  

𝐹𝑟𝑎𝑐𝑡𝑖𝑜𝑛𝑎𝑙 𝑚𝑎𝑠𝑠 "𝑖𝑛𝑓𝑙𝑎𝑚𝑒𝑑" =  
𝑃𝑡

1
𝑛𝑉𝑡 − 𝑃

𝑡𝑖

1
𝑛𝑉𝑡𝑖

𝑃𝑡𝑓

1
𝑛 𝑉𝑡𝑓 − 𝑃

𝑡𝑖

1
𝑛𝑉𝑡𝑖

 [102] (3.11) 

The subscripts indicate the different stages of combustion: the subscript 𝑡 denotes the 

conditions during combustion, the subscript 𝑡𝑓 denotes the state at the end of 

combustion, and the subscript 𝑡𝑖 denotes the conditions at ignition 

An alternative approach was derived and proposed by Pipitone and Beccari [72] which 

can be used to compare the results with those obtained from the Rassweiler and Withrow 

approach [102].  The authors [72] started from the first law of thermodynamics applied 

to the in-cylinder mass: 

𝑑𝑄𝑐𝑜𝑚𝑏 +  𝑑𝑄ℎ𝑡  −  𝑝𝑑𝑉 =  𝑑𝑈 =  𝑚𝑎𝑖𝑟 𝐶𝑣𝑑𝑇 (3.12) 
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Where 𝑄𝑐𝑜𝑚𝑏 is the combustion energy,  𝑑𝑄ℎ𝑡 is the heat lost to the surroundings and 

𝐶𝑣 is the specific heat capacity at constant volume 

                         𝑑𝑄𝑐𝑜𝑚𝑏 = 𝑚𝑓𝑢𝑒𝑙𝐻𝑑𝑥𝑏   &   𝑑𝑈 =
𝑝𝑑𝑉+𝑉𝑑𝑝

𝛾−1
             (3.13) & (3.14) 

Where 𝑚𝑓𝑢𝑒𝑙 is the mass of fuel, 𝐻 is the calorific value and  𝑥𝑏 is the MFB 

Therefore       

𝑑𝑄𝑛𝑒𝑡 = 𝑚𝑓𝑢𝑒𝑙𝐻𝑑𝑥𝑏 +   𝑑𝑄ℎ𝑡 =  
𝛾(𝑝𝑑𝑉+𝑉𝑑𝑝)

𝛾−1
(3.15) 

If no heat is assumed to be lost by the engine to the surroundings; 𝑑𝑄ℎ𝑡 = 0 the fraction 

mass burnt for each cycle can be found from: 

∑ 𝑑𝑥𝑏 = ∑
𝛾(𝑝𝑑𝑉 + 𝑉𝑑𝑝)

(𝛾 − 1)𝑚𝑓𝑢𝑒𝑙𝐻
                                      (3.16) 

When comparing (3.11) to the approach adopted by Pipitone and Beccari (3.16), it is 

important to recognize their key differences which can be visibly detected through 

Figure 3-2. The Rassweiler and Withrow method (blue curve) models the progression 

of the combustion process up until it reaches a complete burn (unity), relying on the 

pressure rise caused by combustion and as Heywood [49] noted, it is proportional to the 

amount of fuel chemical energy released rather than the mass of mixture burned. This 

relationship incorporates heat transfer effects through the use of a polytropic index (𝑛), 

which must be appropriately selected as it differs from 𝛾 and varies throughout the 

different stages of the combustion cycle. When making use of (3.11) Heywood [49] 

emphasised on the importance of accurately choosing the polytropic exponent due to its 

variation during combustion. Additionally, Mittal et al.  [103] emphasised on how 

important the EOC is accurately identified to minimise the uncertainties associated with 

the MFB calculations. Mittal et al. [103] made use of two models where one made use 

of a least-squares fit algorithm and the other is found through location of the peak net 

pressure to find the exact location of the EOC. The Rassweiler and Withrow method 

would assume that the EOC takes place at the point when the exhaust valve opens, which 

may not accurately represent the true EOC. 
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In contrast, Pipitone and Beccari’s approach [72] (red curve) based on (3.16) utilises 

pressure and volume data but further incorporates the mass of fuel and its calorific value 

employing 𝛾 instead of 𝑛, as it is derived directly from the first law of thermodynamics. 

It was concluded that any results derived from the Rassweiler and Withrow method 

during the post processing analysis, specifically the EOC pressure and volume values 

would correspond to the crank angle identified by the peak MFB value obtained using 

Pipitone’s approach. Furthermore, from Figure 3-2, the Rassweiler–Withrow method 

reaches unity by definition since the equation is self-normalizing. The Pipitone and 

Beccari method never reaches unity, as losses prevent full conversion of chemical 

energy to pressure rise. This method only reaches unity in an ideal, loss-free, perfectly 

complete combustion—which real engines never achieve. This difference in the 

maximum MFB between the two curves highlights this loss of energy of approximately 

30% as reported by Heywood [49] and Rogers [97] in Figure 3-1. 

 

3.6 Locations of CA10, CA50 and CA90 

The combustion characterisation curve, also referred to as MFB profile or history, is 

often described in numerical terms by using the terms Crank Angle to 10% MFB 

(CA10), the Crank Angle to 50% MFB (CA50) and the Crank Angle to 90% MFB 

(CA90). These computations were computed on both MFB approaches; the Rassweiler 

and Withdraw and Pipitone’s methods described in Section 3.4. For both different 

methods, the crank angles corresponding to CA10, CA50, and CA90 were found by 

finding when the MFB values which reached 0.1, 0.5 and 0.9 respectively.  

Figure 3-2: MFB against crank angle during petrol experimentation with a MAP of 95 kPa. 
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The CA50 location is critical for MFB profile analysis, as it depends on parameters such 

as burn velocity and spark timing [49]. Most combustion research examines CA50 since 

it gives an insight to the work output produced. The TDC position is critical to prevent 

any expansion work during heat addition, ensuring that all the heat input is manifested 

as an increase in the pressure and temperature of the gases, which are subsequently 

utilised during the expansion stroke. However, this idealised theory cannot be used in 

practice as Heywood [60] notes: “the real combustion process occupies a finite crank 

angle period between about 20 to 70 crank angle degrees”. Additionally, Heywood 

implies that in reality, the 50% crank angle position shifts from TDC for MBT timing, 

and this angle shift is referred to as the “combustion retard” parameter. For a wide range 

of engines the centre of combustion takes place at 5 to 7° CA ATDC [49] which is 

confirmed by a number of authors [104], [105], [106].   

A comprehensive analytical study on the evaluation of the optimal combustion phase in 

SI engines performed by Beccari et al. [107] investigated this well documented 

phenomenon previously described by Heywood [60]. The authors [107] first considered 

an ideal adiabatic engine in which it was demonstrated that the optimal phase of the 

combustion depends on the “shape” of the HRR curve. The commonly used Wiebe 

function was compared with two scenarios: one symmetrical and one asymmetrical heat 

release profile, both defined relative to the midpoint of the combustion angle. The 

analysis showed that if the HRR is perfectly symmetrical about its maximum, the best 

spark timing would position the midpoint of the combustion arc at the TDC. The authors 

[107] also highlighted that a linear heat release (which was initially adopted in the 0D 

model) has a symmetrical derivative, meaning a constant combustion velocity which is 

not possible in a SI engine.  

However, when the combustion is delayed by an angle 𝜃 compared to a profile which is 

symmetrically centred at TDC, for each piston position lower gas temperatures are 

created when compared to an advanced combustion profile. This reduction in gas 

temperature leads to diminished heat transfer to the chamber walls, thereby decreasing 

the overall heat subtracted from the gas improving cycle efficiency [107]. As a result, 

the optimum combustion phase is shifted several degrees after TDC.  
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In addition to thermal considerations, the authors [107] accounted for mechanical 

friction losses, specifically those arising from piston-cylinder interactions and neglected 

any losses caused by the friction in the loaded bearings or the power needed to drive the 

engine accessorises. Through the analysis, Beccari et al. [107] concluded that the 

optimal combustion phase is delayed by approximately 6° CA which are caused due to 

heat exchanges with the chamber walls and an additional 1° CA delay is resulted from 

friction losses. These findings are in strong agreement with the prementioned 

conclusions reported by Heywood [60].  

Wiseman [108] also performed an experimental and simulation investigation of the 

optimum location of 50% mass burnt. Similar to Beccari et al. [107], the main influences 

of burn duration, heat loss, magnitude of heat released, manifold pressure and engine 

dimensions were varied. It was concluded that change in engine geometry had no effect 

on the optimum 50% mass burn location indicating that the rate of fuel burning is 

dominant over the volume changes. Similar conclusions to Beccari et al. [107] were 

drawn were heat rejection is more significant because it directly influences the heat 

energy available to produce work. As commented by Beccari et al. [107], the amount of 

heat lost at any instant is dependent on the gas temperature which distorts the pattern of 

the effective heat release and alters the location of the 50% mass burnt. Furthermore, 

burn duration also influences the optimum burn location because it directly affects the 

burn shape. A fast burn can release more energy near TDC without incurring large 

compression losses. The increase in energy release at TDC will produce a higher 

cylinder pressure, due to the smaller volume and will produce more work done. 

Therefore, a fast-burning charge will have an optimum 50% mass burnt location nearer 

to TDC than a mixture whose combustion is slow. 

3.7 Burn Duration 

The burn duration can be calculated by subtracting the end-of-burn angle from start-of-

burn angle [97]. Specifically, the burn duration was found by subtracting the CA10 from 

the CA90 as recommended by Heywood [49] since such choice of angles avoid the 

challenges of precisely identifying the very beginning and end of the combustion curve, 

which are often difficult to define accurately. This burn duration approximation is 

referred to as the fast burn duration since in reality the burn duration would be longer 

[108]. As discussed in Section 3.4, since two different approaches were used to obtain 
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the MFB, the fast burn duration was found for the two approaches and compared 

accordingly. Another interesting approach developed by Bayraktar and Durgun [109] is 

presented in (3.17) where the CA50 location can be used to estimate the burn duration. 

∆𝜃𝑏(𝜃𝑠) = 1.0685 − 0.2902 (
𝜃𝑠

𝜃𝑠1
) + 0.2545 (

𝜃𝑠

𝜃𝑠1
)

2

(3.17) 

Where ∆𝜃𝑏 is the burn duration and 𝜃𝑠 is the spark ignition angle 

3.8 Zero Dimensional Models 

Recently developed engine software such as Riccardo’s Wave and Gamma 

Technologies’ GT Power are widely used for engine performance analysis. In these 

software programs, it is common for the MFB or HRR to be imposed or modelled using 

empirical functions such as the Wiebe function [110], rather than being directly 

predicted from first principles by the software itself. These programs typically simulate 

combustion based on user-defined combustion models or inputs derived from 

experimental or literature data to replicate realistic combustion behaviour. To simulate 

such behaviour, these software programs typically employ a zero-dimension (0D) 

modelling strategy. This simplified approach treats the combustion chamber as a single 

control volume without spatial resolution since it does not support the concept of space 

[110]. One advantage of 0D models is their ease of use and their computationally 

efficient [111]. The model performs mass and energy balances over the entire 

combustion chamber or engine volume, assuming uniform properties throughout. 

Hence, at each time step a single value of pressure, temperature and other 

thermodynamic properties is calculated for the trapped mass within the cylinder. Such 

calculations are consistent with the first law analysis of a non-flow system as the mass 

within the cylinder is considered stagnant. Such models are commonly used by various 

authors [110], [112], [111]  as it simplifies the system to a lumped parameter model 

focusing on averaged quantities rather than spatial variations [113]. Therefore, a 0D 

model was developed to investigate the optimal CA50 for H2 fuel, as described in 

Section 4.5. The results from this model were later compared with those obtained from 

post processing of experimental data.  
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3.9 Closing Remarks 

Various analytical methods for combustion characterisation were studied and evaluated 

to establish approaches for post-processing and interpretation of experimental H2 

combustion data. During this evaluation, the most appropriate analytical techniques 

were selected which would later allow direct comparison with traditional fuels. In some 

cases, multiple methods were employed simultaneously to cross-validate results and 

enhance confidence in the outcomes. This comprehensive assessment was essential for 

identifying common combustion analyses, such as the net HRR, ignition delay and burn 

duration all of which are critical in highlighting the indicative combustion behaviour of 

H2. Making use of these combustion parameters will facilitate meaningful comparisons 

with existing literature and support further optimisation of H2 combustion strategies.  
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Chapter 4. H2 Experimental Investigation 

As part of the experimental investigation to support the transition of H2 in DFEs, tests 

were performed on a dedicated H2 engine operating under lean conditions. These tests 

were designed to complement the primary research focus by providing insights into 

combustion dynamics specifically during lean mixtures. These operating conditions are 

possible through the wide flammability range of H2 [114] which is a key aspect to be 

incorporated in future applications of DFE.  

Understanding how to manage lean combustion conditions with H2 will be crucial for 

integrating this fuel into dual-fuel engines, where maintaining consistent combustion 

across varying fuel ratios is essential. H2 engine tests were conducted to gather and 

process data on several parameters including the net HRR, ignition delay, brake thermal 

efficiency and compared to the same parameters extracted during operation with 

traditional fuels. The experiments were conducted using the existing H2 engine setup 

depicted in Figure 4-1.  

 

Figure 4-1: J.A.P model 6 engine used during H2 testing. 



Chapter 4. H2 Experimental Investigation 

61 

 

4.1 Previous Engine Projects and its Specifications 

The H2 engine setup is composed of a single cylinder J.A.P. 6 engine whose 

specifications are listed in Table 4-1 [115].  

Table 4-1: J.A.P. 6 engine specifications. 

Model 6 

Number of cylinders 1 

Capacity (c.c.) 588 

Stroke (mm) 102 

Bore (mm) 86.1 

Compression Ratio 5.36:1 

Valve train Side valve 

 

Several projects were performed on this engine including water injection and 

combustion photography however the recent major alterations were performed by 

Portelli [89] who converted the engine to work on both H2 and petrol fuels. During this 

conversion the engine was equipped with multiple sensors both on the engine itself and 

also in its surroundings to detect any H2 leaks. This leak detection system can also 

prevent the H2 engine setup from operating until certain safety detection criteria are met 

ensuring safety at all times. Portelli [89] utilised LabVIEW software to prepare VIs 

which were used for the acquisition of slow data during experimentation and for the post 

processing of in-cylinder pressure measurements. Last modifications were done by 

Fenech [90] where the H2 setup was improved to aid in the H2 experimentation. The 

main improvements where targeted to correct the method of AFR determination. This 

was done through proper determination of the H2 flow rate through the Hercules injector 



Chapter 4. H2 Experimental Investigation 

62 

 

(3bar) which was additionally supported with theoretical analysis. Another main 

improvement was the installation of a petrol catalyst which served as a Laminar Flow 

Element (LFE) to measure the Mass Airflow (MAF). Effort was also put to convert the 

existing PFI to a DI system however acquisition of appropriate H2 injector was 

unsuccessful. 

4.2 H2 Engine Setup Alterations 

4.2.1 Existing mass airflow measurement scheme, laminar flow element 

During the engine setup improvements done by Fenech [90], three independent methods 

were implemented to determine the air-to-fuel ratio during H2 operation. Two exhaust 

gas oxygen sensors were installed to measure the oxygen content in the exhaust, enabling 

the determination of the air-to-fuel ratio through combustion analysis. An alternative 

technique involved the previously mentioned petrol catalyst which was calibrated and 

integrated into the setup to function as an LFE, and this component was referred to as 

an in-house viscous flow meter. This component was useful to determine the airflow of 

the engine during H2 operation which combined with the injected fuel quantities meant 

that the AFR could be determined. Although the LFE is commonly used in engines due 

to the linear relationship between pressure drop and measured flow rate [116], a 

quadratic equation was implemented nevertheless to account for entry length effects. It 

was noted that the entrance length of the air flowing through the channels of the in-house 

viscous flow meter was significant (10 cm) when compared to the total length of the 

catalyst (16 cm). Fenech [90] highlighted the fact that two empty reservoirs had to be 

installed on the setup to mitigate the pulsation caused by the single cylinder J.A.P. 6 

engine. These pulsations are important to be dampened to create a steady measurement 

as emphasised by Rathakrishnan [117]. Despite these considerations, Fenech [90] 

commented that the developed air measurement scheme involving the in-house viscous 

flow meter proved to be effective.   

4.2.2 New mass airflow measurement scheme, critical flow orifice 

For a certain ratio of the pressure upstream and downstream of an orifice, the velocity 

at the orifice becomes sonic, a condition known as chocked or critical flow [107] [118]. 

According to chocked flow theory, once critical flow occurs in a passage of a gaseous 

fluid, the mass flow rate depends solely on the absolute pressure and temperature 

upstream becoming unaffected by any changes in downstream conditions [116]. From 
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the extensive investigation carried out by Laurantzon [118] this theory when applied 

through critical flow nozzles is ideal for measuring pulsating flow. In fact, Kastner et al. 

[119] utilised this theory to measure the flow of engine exhaust.   

To further improve the air measurement scheme on the H2 engine setup and ascertain 

accurate calculation of the air to fuel measurement, a critical flow orifice scheme was 

used. This scheme was used as a replacement for the in-house viscous flow meter system 

previously discussed. When using the critical orifice air measurement scheme, 

calculation of the engine’s airflow was done through (4.1). This approach effectively 

addresses and mitigates concerns regarding the setup proposed by Fenech [90], 

including the high entry losses observed within the in-house viscous flow meter and the 

damping scheme employed for airflow regulation. 

As already mentioned, to utilise the critical orifice measurement scheme, chocked 

conditions have to be created by using compressed air at the upstream of the orifice. 

These conditions allow the critical orifice to regulate the MAF through variations in the 

upstream pressure and orifice area making it completely unaffected by changes in 

downstream pressure. It was decided that an upstream pressure of 3 barg was assumed 

to be within the range of the air pressure system of the thermodynamics laboratory. 

Therefore, correct sizing of the orifice diameter was essential but first the mass airflow 

(𝑚̇𝑎𝑖𝑟) of the engine must be calculated through:  

𝑚̇𝑎𝑖𝑟 = 𝜌η𝑣𝑉𝑠

𝑁

2
𝑛𝑐𝑦𝑙 [120] (4.1) 

Where the density (𝜌) was taken to be 1.2 kg/m3 at 1 bar absolute, η𝑣 is the volumetric 

efficiency assumed to be 100%, the engine speed (𝑁) taken to be 1250 RPM, 𝑉𝑠 is the 

displaced volume and 𝑛𝑐𝑦𝑙 is the number of cylinders. 

𝑚̇𝑎𝑖𝑟 = 1.2 × 1 ×
𝜋 × 0.08612 × 0.102 × 1250

4 × 2 × 60
× 1 = 𝟕. 𝟒𝟕 × 𝟏𝟎−𝟑 𝒌𝒈/𝒔 

For a chocked flow (4.2) [116] was used.  

𝑚̇𝑎𝑖𝑟 =
𝑐𝐷𝐴𝑡𝑝0

√𝑅𝑇0

𝛾
1
2 (

2

𝛾 + 1
)

𝛾+1
2(𝛾−1)

(4.2) 
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Where 𝐴𝑡 is the throat diameter, 𝑝0 is the upstream pressure, 𝑇0 is the upstream 

temperature, 𝑅 is the air gas constant and the coefficient of discharge 𝑐𝐷 = 0.982, 

according to the diameter ratio of 0.15 (𝛽𝑑 = 𝑑/𝐷) [121] [49] 

7.47 × 10−3 =
0.982 × 𝜋 × 𝑑𝑡

2 × 4 × 105

4 × √287 × (25 + 273)
1.4

1
2 (

2

1.4 + 1
)

1.4+1
2(1.4−1)

 

𝑑𝑡 = 3.22 × 10−3𝑚 ≈ 𝟑 𝒎𝒎 

The nozzle was machined as seen in Figure 4-2 and an O-ring was used to ensure no air 

leakage occurred and installed onto the setup accordingly.  

To consistently monitor the upstream pressure an Omega pressure transducer which 

have an accuracy of 1% (PXM 319-015G17) was installed, as depicted in Figure 4-3A. 

The transducer was calibrated using a dead weight tester setup, illustrated in Figure 

4-3B. The calibration equation of the curve depicted in Figure 4-4 was implemented into 

the LabView software to calculate the airflow first and subsequently calculate the AFR 

during testing. To regulate the intake air during experimentation, a pressure regulator 

was integrated into the setup and installed upstream of the pressure transducer shown in 

Figure 4-5.    

Figure 4-2: The chocked flow nozzle  
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Figure 4-3: A) Omega pressure transducer B) Dead weight tester 

Figure 4-5: The pressure regulator installed upstream of the Omega 

pressure transducer. 

Figure 4-4: The calibration curve for the Omega pressure transducer. 
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Additionally, the original Bosch 0261230189 MAP sensor installed by Portelli [89] was 

replaced with a higher range MPX4250AP K0728AF MAP sensor. This modification 

was implemented to safeguard the sensor from potential damage against any human 

error in case of a potential pressure increase beyond atmospheric conditions and to 

enable the possibility to investigate boosted operating conditions. It is noted that the 

Bosch 0261230189 is rated at 100 kPa, while the MPX4250AP K0728AF is rated at 

250kPa Prior to initiating experimentation, the setup underwent a close inspection to 

ensure that there were no air leaks present. This inspection was crucial to ensure the 

reliability and precision of the MAF measurement scheme.  

After the setup was fully prepared and functioning, a Spartan JRP wideband sensor was 

installed to facilitate comparative analysis with the computed critical orifice-based 

lambda. Figure 4-6, illustrates two distinct wideband sensors; on the left is an Air-Fuel 

Ratio Monitoring System (NGK #91101) previously utilised by Fenech [90] during 

gasoline engine testing and the other is the aforementioned Spartan JRP wideband sensor 

integrated into the setup. However, as determined by Portelli [89], the NGK #91101 

sensor exhibited inconsistent results during H2 engine testing, necessitating reliance on 

a narrowband sensor instead. The primary distinction between these two wideband 

sensors lies in their measurable lambda range: the NGK #91101 can read up to a λ value 

of 1.1, whereas the Spartan JRP sensor is capable of measuring λ values as high as 3.  

 

 

 

 

 

 

Both narrow band and NOx Exhaust gas oxygen sensors previously used both by Fenech 

[90] and Portelli [89] during H2 engine testing were once again used. The NOx sensor 

has two channels one used to measure the amount of NOx and the other is used to 

Figure 4-6: the NGK #91101 (on the left) and Spartan JRP (on the right) wideband sensors. 
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measure the amount of oxygen content found in the exhaust. The alternative approach 

utilising a low temperature (AO2) O₂ sensor, detailed by Fenech [90] in Section 4.9, was 

not implemented due to the considerable response delay observed through the 

experiments, which were notably greater than that of the other sensors installed on the 

setup. At a fixed engine speed of 1250 RPM and a MAP of 75 kPa, a H2 fuel sweep was 

conducted and the resulting λ measurement from the various techniques were 

comparatively analysed, as presented graphically in Figure 4-7.  

 

When comparing the four curves obtained from the different evaluation schemes, the 

critical orifice λ (blue curve) exhibits characteristics closely aligned with those obtained 

from the JRP Spartan wideband sensor. However, this alignment is not observed with 

the curve derived from the NOx oxygen channel (grey), which appears to provide 

inaccurate measurements during extreme lean conditions and only seems to align with 

expected characteristics at close to stoichiometric mixtures. In contrast, the narrowband 

sensor demonstrates proper functionality, as demonstrated by its voltage signal 

significantly deviating from 0V during transient conditions from lean to rich mixtures. 
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Consequently, it was concluded that the critical orifice setup performed effectively and 

can be reliably utilised during H2 engine testing.  

4.3 H2, Propane and Petrol Test Matrices  

The H2 test matrix detailed in Table 4-2, involves all experiments which were conducted 

at a constant engine speed of 1250 RPM, with varying MAPs of 75, 95, and 120 kPa, 

across different λ values. For each test condition, optimisation of spark timing, was 

necessary to achieve minimum spark timing for MBT conditions as suggested by Zareei 

and Kakaee [55]. To achieve the optimised spark timing, for each fuel, variation of spark 

timing would be performed at different MAP and the spark value for MBT would be 

noted. This experimental procedure is often referred to as a “spark sweep”. At a MAP 

of 95 kPa for the three different fuels are illustrated in Figure 4-8.  

 

As shown in Figure 4-8, H2 exhibits a notably wider spark advance curve compared to 

petrol and propane. For the traditional fuels, petrol and propane, the MBT timing appears 

more pronounced due to the characteristic shape of the curve, whereas for H2, this 

distinction is less clear. Results show that the crank angle range between 10 and 0° CA 

BTDC tends to produce the maximum torque output for H2. Literature reports from 

multiple sources [60] [61] [59] indicate that under similar operating conditions, SI was 

typically set between 10 and 15° CA BTDC. According to the H2 spark sweep in Figure 

4-8, an ignition advance of 15° CA BTDC was not optimal. However, an ignition 

advance of 10° CA BTDC falls within the range of crank angles producing maximum 
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torque. Consequently, the MBT timing for H2 at λ2 was set to 10° CA BTDC. This 

optimal ignition advance is further examined and validated in the following Section 4.5. 

Table 4-2: H2 optimal spark timing for MBT at 1250RPM, varying MAP and λ. 

MAP (kPa) λ 
Ignition Advance (°CA 

BTDC) 

75 2 10 

75 3 20 

95 2 10 

95 3 10 

120 2 10 

120 3 10 

 

For comparison reasons, tests with propane and petrol fuels were performed at 

stoichiometric conditions. For both fuels, MAPs of 50 kPa were also possible but such 

fuels cannot operate at high lean mixtures as opposed to H2 which supports operation at 

high lean conditions of lambda 2 and 3. The propane and petrol test matrices are listed 

in Table 4-3 and Table 4-4 respectively.  

Table 4-3: Propane optimal spark timing for MBT at 1250RPM, λ1 with varying MAP. 

MAP (kPa) λ 
Ignition Advance (°CA 

BTDC) 

50 1 25 

75 1 20 

95 1 20 
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Table 4-4: Petrol optimal spark timing for MBT at 1250RPM, λ1 with varying MAP. 

MAP (kPa) λ 
Ignition Advance (°CA 

BTDC) 

50 1 25 

75 1 20 

95 1 20 

The experimental test matrix is the combination of table 4, 5 and 6 comprising a total of 

12 test points.  

4.4 Data Acquisition Systems 

Data acquisition was done using LabVIEW software in two separate systems referred to 

as the fast system acquired at 40 kHz and the slow speed system acquired at10 Hz. 

4.4.1 Fast data acquisition and post processing 

For the fast data processing (40 kHz), the LabVIEW software was utilised, with 

implementation of the post processing Virtual Instruments (VIs) prepared by Portelli 

[89]. In-cylinder, crank angle resolved, pressure data was acquired along with other 

channels namely: crank teeth, cam tooth, current through the spark ignition coil and 

current through the injector coil. The spark ignition coil current trace was used to 

measure the ignition delay and confirm the spark advance, while the injector current 

trace was used to confirm the DOI.  The crank angle resolved data is referred to here as 

the fast data to differentiate it from the slow data that was recorded at 10 Hz. The 

pressure transducer, AVL GH 13Z-24, integrated in the spark plug, was used to obtain 

the in-cylinder pressure and its output signal was fed to a charge amplifier (AVL 

Flexifem Piezo Type 2P2G). The in-cylinder pressure obtained from the piezo electric 

sensor was pegged to the MAP at bottom dead centre (BDC). One hundred and fifty 

(150) cycles at each test point were used for the analysis. The fast data was acquired 

using a National Instruments PCI 6221 card and saved using TDMS file format. 

Portelli’s VIs where further refined with the required improvements such as the 

implementation of the two approaches to calculate the MFB. Substantial effort was 
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dedicated to gain a thorough understanding of the structure and function of these VIs, 

facilitating the expanded utilisation of the acquired data and enabling additional post-

processing analyses. As described in Chapter 3, a number of theoretical combustion 

analyses were compared and implemented into the VIs to ensure consistent and accurate 

results across all test points in the test matrix.  

4.4.2 Slow speed data acquisition 

LabVIEW software was also used for acquisition of operational data (slow data) at 10 

Hz to log slow speed parameters such as engine torque, mass air flow, exhaust gas 

temperature (1/16” type K sheathed thermocouple), switching EGO sensor, NOx 

emissions, etc., which were measured directly by National Instruments DAQ. The VI 

previously developed by Portelli [89], was already modified by Fenech [90] and 

continued to be adapted and modified to accommodate the required changes done to the 

engine set up.  Primarily, the H2 λ based upon the orifice MAF measurement scheme 

was introduced alongside the λ computed from the Spartan JRP sensor. It is noted that 

the slow-speed data acquisition obtains data from the Engine Control Unit (ECU) 

interface (by sniffing the RS232 data, such as engine speed, MAP, DOI and spark 

timing) which is then integrated with data acquired from the LabVIEW DAQ system. 

Therefore, when slow-speed data is referenced in this work, it refers to LabVIEW log 

files that include synchronized (in-time) engine ECU data.  

4.5 Zero-Dimensional Model 

As observed in Section 4.3, specifically in Figure 4-8, the minimum ignition advance 

for MBT from the H2 curve appears less distinct compared to those for propane and 

petrol fuels. Therefore, an exercise to numerically model the behaviour and dependency 

of the engine power loop as a function of spark timing was done in the form of what is 

termed as a 0D model. This 0D model was formulated to identify the optimal position 

of the centre of combustion (CA50) to produce a maximum net work output, thereby 

clearly identify the optimum ignition advance.  This model would need inputting of 

MFB profiles for different spark timings which can either be obtained from experiments 

or simulations. The main scope of development of this model is to identify the optimum 

position for the CA50 when working with  fuel. A flow diagram of the 0D model is 

presented below.  
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Limitations of this 0D model included determining the constants for the Woschni heat 

transfer correlation and the Chen-Flynn friction correlation, as well as accounting for 

the variation of properties with temperature and composition during combustion. Key 

assumptions were that the combustion chamber contained only air and fuel at the start 

of compression where in reality some exhaust gas recirculation would occur. The 

temperature and pressure of air at BDC was taken as 20°C and 90 kPa respectively. 

From the first law of thermodynamics: 

𝑄 + 𝑊 = ∆𝑈 (4.3) 

The analysis is going to be performed over the entire power loop, i.e. from BDC to TDC 

and back to BDC. This analysis is conducted in increments of 1 crank angle degree. The 

work output is calculated based on the volume change occurring between successive 

crank angle increments. Therefore, at a fixed crank angle, the heat supplied to the engine 

∆𝑄 is equal to the energy contained within the fuel which causes the change in internal 

energy of the air (Energy losses were neglected here but will be incorporated in 

subsequent analyses). 

∆𝑄 = ∆𝑀𝐹𝐵 × 𝑚𝑓𝑢𝑒𝑙 × 𝐻 =  𝑚𝑎𝑖𝑟 × 𝐶𝑣 × ∆𝑇𝑐𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛 (4.4) 

Where 𝑚𝑓𝑢𝑒𝑙 is the injected fuel, 𝑚𝑎𝑖𝑟 is the mass air trapped within the cylinder 

(𝑚𝑎𝑖𝑟was calculated with η𝑣=100% ) 

The burn duration was found from the tests performed and the MFB values 

(profile/history) obtained from the Rassweiler and Withrow method were evenly 

distributed by dividing the profile values with the respective burn duration of each 

experiment. This procedure was only performed for the 95kPa experiments for all the 

three fuels. Moreover, as done by Beccari et al. [107], a linear relationship was employed 

to model combustion progress of the cumulative burned mass from ignition start to 

completion.  The temperature due to combustion was found from: 

∆𝑇𝑐𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛 =
∆𝑄

𝑚𝑎𝑖𝑟 × 𝐶𝑣

(4.5) 

The temperature due to compression (𝑇𝑐 = 𝑇𝑖+1) was found from:  
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𝑇𝑖+1 = 𝑇𝑖 (
𝑉𝑖

𝑉𝑖+1
)

𝑛−1

(4.6) 

Where the final temperature 𝑇′𝑖+1 due to the combined effect of compression and 

combustion was approximated through: 

𝑇𝑖+1
′ = 𝑇𝑖+1 + ∆𝑇𝑐𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛 (4.7) 

The resulting pressure due to compression (𝑝𝑐 = 𝑝𝑖+1) was calculated from: 

𝑝𝑖+1 = 𝑝𝑖 (
𝑉𝑖

𝑉𝑖+1
)

𝑛

(4.8) 

Where 𝑛 = 1.3 was assumed for both compression and expansion 

Since, the volume at each crank angle and amount of gas are kept constant the pressure 

due to compression and combustion was estimated from: 

𝑝′
𝑖+1

= 𝑝𝑖+1 (
𝑇′

𝑖+1

𝑇𝑖+1
) (4.9) 

The incremental work (∆𝑊) was calculated from (4.8) where the ∆𝑉 =
𝑉𝑖+1−𝑉𝑖−1

2
 

∆𝑊 = 𝑝′
𝑖+1

∆𝑉 (4.10) 

And the cumulative work can be found by summing the incremental works from Bottom 

Dead Centre (BDC) to TDC back to BDC.  
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The analysis was conducted at a MAP of 95 kPa for all three fuels, petrol, propane and 

H2. The different fuels have varying burn characteristics, the linear MFB profile                 

imposed was varied for all the three different fuels and according to its respective burn 

duration. Then the MFB profile was shifted accordingly into different crank angle 

locations. Shifting the location of the inputted MFB profile directly alters the position 

of the CA50 and the corresponding cumulative work. The indicated gross work was 

calculated for each different CA50 location and presented comparatively, as depicted in 

Figure 4-9.  

 

It should be recognised that despite H₂ possessing the highest calorific value in this 0D 

model, it did not produce the highest work output. This outcome is mainly because the 

H2 investigation was conducted under non-stoichiometric mixture conditions. 

Additionally, the low developed torque may also be attributed with the low density of 

H₂ . The observed variations in the curvature of the plots for the three fuels can be largely 

attributable to differences in their respective burn durations. From Figure 4-9, the 

analysis shows that CA50 should always be at TDC to maximise work output. However, 

the inputted linear MFB profiles in the 0D model for the three different fuels produced 

higher work compared to that obtained from the experimental investigation. This was 

attributed to the fact that no friction, auxiliary losses or even pumping loop were taken 

into consideration.  

300

350

400

450

500

550

600

650

700

750

-40 -30 -20 -10 0 10 20 30 40

In
d

ic
at

ed
 G

ro
ss

W
o

rk
 O

u
tp

u
t 

(J
/c

y
cl

e)

CA50 Location(°CA ATDC)

Propane λ1

Petrol λ1

Hydrogen  λ2

Figure 4-9: Indicated gross work output against different CA50 locations. 



Chapter 4. H2 Experimental Investigation 

76 

 

The “pumping loop” (the work required to move the intake and exhaust gases in and out 

of the cylinder) is the summation of area B and C identified in Figure 4-10. This was 

subtracted from the gross indicated work which gives the net indicated work.  

Although heat loss was incorporated through n=1.3 the findings presented in Figure 4-9 

aligned well with the Otto cycle theory or constant volume cycle where instantaneous 

heat addition is assumed to take place at constant volume – specifically at TDC – the 

point at which the piston is momentarily stationary [49].  

4.5.1 Alterations to the 0D model 

Upon literature findings, a further alteration was done to the 0D model where in order 

to simulate better the heat loss of the engine, the Woschni correlation was incorporated, 

rather than simply applying a polytropic index. As stated by Caruana [73], this 

correlation is used in Ricardo Wave and Gt Power, which are two widely known engine 

simulation software programs used both for commercial use and also for research 

purposes. The Woschni correlation is a one-zone model whose limitations are well 

recognised due to inter-cycle calculations [73], however for the purpose of this 0D model 

these correlations are adequate and yield acceptable approximations. When describing 

this Woschni correlation Heywood [49] highlighted the fact that during the development 

of this correlation only data used from cylinder head thermocouple locations were used. 

However, it is often used to estimate the “instantaneous spatial average heat fluxes for 

 Figure 4-10: P-V diagrams for (b) a four stroke cycle engine and (c) magnification of a four stroke cycle 

spark-ignition engine exhaust and intake strokes (pumping loop) at part load [60].   
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the entire combustion chamber”. When H2 MFB profiles were inputted in this OD model 

as suggested by Krishnanunni et al. [122] the Woschni correlation was multiplied by a 

factor of 2.2 due to the high burning velocities and low quenching distances of H2 fuelled 

internal combustion engines. The Woschni correlation estimates a cylinder heat transfer 

coefficient (𝑘𝑐) presented in (4.9). 

𝑘𝑐 = 3.26𝐵−0.2 × 𝑝0.8 × 𝑇−0.55 × 𝑤0.8 [49] (4.11) 

Where the average cylinder gas velocity (𝑤̅) 

𝑤̅ = 𝐶1𝑆𝑝̅ = 𝐶2

𝑉𝑠𝑇𝑟

𝑝𝑟𝑉𝑟
(𝑝′

𝑖+1
− 𝑝𝑖+1) [49] (4.12) 

Where 𝑆𝑝̅ is the mean piston speed; 𝑆𝑝̅ = 2 ∗ 𝑆𝑡𝑟𝑜𝑘𝑒 ∗ 𝐸𝑛𝑔𝑖𝑛𝑒 𝑆𝑝𝑒𝑒𝑑. 𝑉𝑠 is the 

displaced volume, 𝑝𝑟 , 𝑉𝑟, 𝑇𝑟 are the working-fluid pressure, volume and temperature at 

some reference state (such as at inlet valve closing). 𝑝2 is the pressure due to 

compression found from (4.8) and 𝑝′
𝑖+1

is the final pressure due to compression and 

combustion found from (4.9). The constants 𝐶1and 𝐶2 vary: 

For the gas exchange period:     𝐶1 = 6.18 𝐶2 = 0 

For the compression period:     𝐶1 = 2.28 𝐶2 = 0 

For the combustion and expansion period:   𝐶1 = 2.28 𝐶2 = 3.24 × 10−3 

Then the instantaneous heat flux (𝑞′′) per crank angle was found from: 

𝑞′′ = 𝑘𝑐(𝑇𝑖+1
′ − T𝑤𝑎𝑙𝑙) (4.13) 

Where T𝑤𝑎𝑙𝑙 is the cylinder liner wall temperature which was assumed to be 373K  

Which then resulted in the instantaneous temperature drop (𝑇ℎ𝑐
) calculated from: 

𝑇ℎ𝑐
=  

𝑞′′

(𝐶𝑣 × 𝑚𝑎𝑖𝑟)
(4.14) 
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Therefore from (4.9) the final pressure due to compression, combustion and heat loss 

(𝑝′′
𝑖+1

) was found from: 

𝑝′′
𝑖+1

= 𝑝𝑖+1 (
𝑇′

𝑖+1 − 𝑇ℎ𝑐

𝑇𝑖+1
) (4.15) 

The calculation of blow-by gases was incorporated in the 0D model by using (3.6) 

explained in Section 3.1 at each crank angle which was subtracted from the mass of air 

and fuel (since the engine is port fuelled) initially occupied within the cylinder. 

Although as outlined by Beccari et al. [107] friction has a lower impact when compared 

to thermal losses it was still added in the in the 0D model. Ricardo WAVE makes use of 

the Chen and Flynn correlation to estimate the Friction Mean Effective Pressure (FMEP)  

[123] where Caruana et al. [124] compared this correlation with experimental data and 

successfully deduced an acceptable match. Hence the correlation presented in (4.16) was 

used as a guideline to identify the most important terms to incorporate in the 0D model. 

It is important to appreciate that (4.16) cannot be directly implemented in this model 

since it is not crank angle based.  

𝐹𝑀𝐸𝑃 =

𝐴𝐶𝐹 +
1

𝑛𝑐𝑦𝑙
[𝐵𝐶𝐹𝑃𝑚𝑎𝑥𝑖

+ 𝐶𝐶𝐹 (
𝑅𝑃𝑀 × 𝑠𝑡𝑟𝑜𝑘𝑒

2
) +  𝑄𝐶𝐹 (

𝑅𝑃𝑀 × 𝑠𝑡𝑟𝑜𝑘𝑒

2
)

2

] (4.16) 

Where 𝐴𝐶𝐹 represents the constant accessory friction, 𝐵𝐶𝐹 is the coefficient multiplied 

to the linear pressure load term, 𝐶𝐶𝐹 is the coefficient to the engine speed contribution 

and 𝑄𝐶𝐹 is the coefficient to term representing the windage losses [125]. For the purpose 

of the 0D model, windage losses were incorporated into the constant accessory friction 

term since the experimental tests were conducted at a constant speed. The value of the 

constant accessory friction was found in terms of energy and was subtracted from the 

gross work. Consequently, the only two remaining terms that would be a function of 

crank angle would be those resulting from piston ring friction (𝐹𝑝𝑖𝑠𝑡𝑜𝑛 𝑣𝑒𝑙𝑜𝑐𝑖𝑡𝑦) caused 

by the fluctuating piston velocity (4.12) and in-cylinder pressure acting on the rings 

(𝐹𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒) (4.14). 

𝐹𝑝𝑖𝑠𝑡𝑜𝑛 𝑣𝑒𝑙𝑜𝑐𝑖𝑡𝑦 =  𝐶𝐶𝐹 × 𝑆𝑝(𝜃) (4.17) 
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The instantaneous piston 

speed

 𝑆𝑝(𝜃) = 𝑎 cos 𝜃 + √𝐿2 − 𝑎2 sin2 𝜃 (4.18)  

where 𝑎 is the crank radius, 𝐿 is the connecting rod  

𝐹𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 =  𝐵𝐶𝐹 × 𝑝′
𝑖+1

(4.19) 

Therefore, the absolute total friction (𝐹𝑡𝑜𝑡𝑎𝑙) was found by summation of the pressure, 

velocity and auxiliary terms as in found from (4.17). 

𝐹𝑡𝑜𝑡𝑎𝑙 = 𝐹𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒  + 𝐹𝑝𝑖𝑠𝑡𝑜𝑛 𝑣𝑒𝑙𝑜𝑐𝑖𝑡𝑦 (4.20) 

The summation of the total friction is depicted in Figure 4-11 and to validate the values 

of 𝐵𝐶𝐹, 𝐶𝐶𝐹 and the combined term of 𝐴𝐶𝐹 & 𝑄𝐶𝐹  of the total friction, a comparison was 

made with Figure 4-12 [49]. The similarity in magnitude observed between the two 

graphs supports the validity of the applied friction modelling in the 0D model. Although 

friction was plotted with a consistent positive sign, the model ensured that these effects 

were subtracted from gross indicated work rather than added. For record 𝐵𝐶𝐹 =

0.00009, 𝐶𝐶𝐹 = 12  and the combined term 𝐴𝐶𝐹 & 𝑄𝐶𝐹 = 38.4  𝐽/𝑐𝑦𝑐𝑙𝑒   
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Figure 4-11: The variation of the total friction with crank angle. 

 

Figure 4-12: Measured frictional force on cylinder liner [49]. 
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Additionally, the 𝛾 for the intake air was varied accordingly with the in-cylinder 

temperature by using Cp relations for nitrogen and oxygen where the corresponding 

coefficients were quoted by Heywood in Table 4.10 [49]. After combustion ended; when 

MFB reached unity, a different 𝛾 derived from values of the combustion products [126] 

were implemented for the rest of the cycle. 

4.5.2 Implementation of MFB Profiles with a Varying Heat Release 

In an effort to adhere more closely to the heat release characteristics and as Beccari et 

al. [107] clearly stated to as the “heat release rate law”, implementation of MFB profiles 

with a non-constant heat release was essential. Rather than making use of the traditional 

Wiebe function, the correlation proposed by Bayraktar and Durgun [109] in (3.17) was 

utilised to estimate burn durations corresponding to various CA50 positions. However, 

upon implementation, the resulting burn duration values deviated from those reported 

by the authors [109], suggesting possible limitations in directly applying the published 

 correlation. As an alternative, additional tests were performed using H2 and petrol fuels 

at various spark timings. Post-processing of these tests enabled the implementation of 

Figure 4-13: Variation of net work output with CA50 location. 
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the various obtained MFB profiles (presented later in Chapter 6) to be inserted into the 

0D model according to the corresponding CA50 locations. The net work output at the 

different CA50 locations was plotted as observed in Figure 4-13. 

 

To ascertain the accuracy of this 0D model, the corresponding pressure values obtained 

from the model (Analytical), after inputting the experimental MFB profiles, were 

compared to the experimental measured in-cylinder pressure by using the p-v diagram 

shown in Figure 4-14. It is noted that the exhaust portion, known as the “blow down 

phase” that is the expulsion of gases due to their own high pressure, is not shown in 

Figure 4-14. This is because it involves modelling critical flow through complex and 

varying valve geometry. Subsequently the remaining exhaust gases are pushed out of 

the cylinder by the so called “exhaust displacement phase”. The blow down occurs 

practically at constant volume and hence no work involved while the displacement phase 

occurs cover a whole stroke thus, there is associated work. Therefore, there was no need 

to model the blow phase. To achieve agreement between the analytical and experimental 

in-cylinder pressure readings, it was necessary to apply a reduction factor to the gross 

Figure 4-14: In-cylinder pressure against instantaneous cylinder volume for petrol fuel at 95 kPa MAP 
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work output. This reduction was applied to the inputted Rassweiler and Withrow MFB 

profiles that in fact also complied with the MFB profile as obtained from Pipitone’s 

approach in Section 3.4. On average, across all experiments conducted, a 20% reduction 

in the gross work output was required. This reduction in work align closely with the loss 

previously highlighted by Rogers [97] and Heywood [49]. 

As seen in Figure 4-13, the peak net work output for petrol fuel deviated by 

approximately 7° CA with respect to TDC which aligns well with the values suggested 

by Heywood [49] and Beccari [107]. For the H2 fuel, the peak net work output was 

obtained at a CA50 location of approximately 10°CA. This conclusion perfectly matches 

that obtained by Rrustemi et al. [60], Sementa et al. [61] and Molina et al. [59] who all 

obtained similar CA50 locations. Moreover, although H₂ has a higher burn rate 

compared to petrol, the CA50 position deviated further from TDC than the CA50 

obtained during petrol experiments. This was unexpected, as Beccari et al. previously 

indicated that a faster burning charge typically reaches 50% MFB closer to TDC than a 

slower burning mixture. However, it is important to note that the ignition advance was 

set to 20° CA BTDC for petrol, whereas it was set to 10° CA BTDC for H2. Despite this, 

the CA50 location did not differ significantly, further demonstrating H2's faster burn 

duration.  

4.6 Closing Remarks 

Initially, a critical orifice was integrated into the experimental setup to improve the 

accuracy of airflow measurement, thereby enabling accurate AFR calculations during 

H2 testing. This method was compared to an off-the-shelf Spartan wideband EGO 

sensor, which exhibited similar behaviour to the calculated AFR values. Subsequently, 

comprehensive tests were conducted using H2, propane and petrol for comparison 

purposes, with a test matrix comprising of 12 operational points. Furthermore, a 0D 

model was developed to evaluate the maximum net cycle work output as a function of 

CA50 variation for H2 at λ2 mixtures and petrol under stoichiometric conditions. 
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Chapter 5. Dual-Fuel Experimental Investigation 

During varying loads, DFEs tend to experience combustion instability, mainly caused 

by engine knock thus an operating window is identified [18]. During this transient 

operation a decrease in the intake temperature can reduce this instability and provide 

some leeway within the operating window. The main scope of this experimental 

investigation, referred to as Liquid State Dual injection (LSDi) is to make use of the 

latent heat of cryogenic liquids such as LNG which would be abundantly available on 

LNG cargo ships to reduce such phenomena. A cryogenic setup, designed for potential 

use with LNG, was constructed and initially tested with liquid nitrogen (LN2), followed 

by testing with liquid propane. Unfortunately, the acquisition of LNG in Malta was not 

possible due to transportation complications and storage requirements, which could have 

compromised safety. This cryogenic set up was directly installed onto the existing dual-

fuel engine setup which runs on diesel and propane at vapour state. Several tests were 

carried at steady state conditions at boosted conditions of 150 kPa absolute and varying 

intake air temperatures where knock intensity was monitored.    

5.1 Previous Engine Modifications and its Specifications 

The dual-fuel setup is composed of a 2.0 litre common-rail diesel engine depicted in 

Figure 5-1 and its specifications are listed in Table 5-1.  

Figure 5-1: The dual-fuel engine setup. 
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The engine was retrieved from a Peugeot 306 in which its conversion to dual-fuel was 

first implemented by Mifsud [127] and afterwards by Schembri [128]. Subsequently, 

Schembri [129] optimised its performance and carried out an experimental investigation 

on the combustion behaviour through in-cylinder pressure investigation and also 

measured its NOx emissions. Schembri [129] removed the engine’s original factory 

turbo charger to facilitate testing. Following this, Azzopardi [91] built a modular air 

intake system which supported both boosted (using an electrical driven roots blower) 

and natural aspirated conditions. In addition, Azzopardi [91] installed an off-the-shelf 

MoTec M600 ECU and a knock detection system onto the dual-fuel setup after it was 

verified on a SI engine. This detection system consists of a MoTec 53116 SKM knock 

signal DAQ system which provided a real-time knock indicator.  

Table 5-1: Peugeot 306 engine specifications.  

Manufacturer Peugeot Société Anonyme (PSA) 

Model DW10 TD/RHY 

Number of cylinders 4 

Capacity (c.c.) 1997 

Stroke (mm) 88 

Bore (mm) 85 

Compression Ratio 18:1 

Valve train 8 Valve, Overhead Camshaft 

 

5.1 Dual-Fuel Testing with LN2 

5.1.2 Acquisition of appropriate apparatus 

During the equipment selection process for the cryogenic injection system, foundational 
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cryogenic specifications were prioritised to guide equipment selection. To narrow down 

component selection from commercially available options, simple calculations and 

assumptions were conducted. Primarily the required cryogenic liquid mass flow rate was 

determined to achieve a measurable reduction in intake air temperature, which 

subsequently guided the sizing of the cryogenic storage tank and solenoid valve. Initial 

calculations focused on estimating the engine’s air mass flow rate under a boosted intake 

pressure of 150 kPa using (5.2) and the engine speed was assumed to be set to 3000RPM, 

however the actual tests were performed at 2000RPM due to apparatus limitations.  

Assuming adiabatic compression of an ideal gas its temperature would rise to: 

𝑇𝑖+1 = 𝑇𝑖 (
𝑝𝑖+1

𝑝𝑖
)

𝛾−1
𝛾

= 298 × (
100 × 103

150 × 103
)

0.4
1.4

= 𝟑𝟑𝟒. 𝟔 𝑲 ≈ 𝟔𝟐 ℃                 (5.1) 

The η𝑣 was once again assumed to be 100% and the 𝜌 for air was taken to be 1.75 kg/m3 

at an air pressure and temperature of 150 kPa and 25°C despite the compression 

temperature rise to 62°C - since an intercooler is installed on the setup. 

𝑚̇𝑎𝑖𝑟 = 𝜌η
𝑣
𝑉𝑠

𝑁

2
𝑛𝑐𝑦𝑙 = 1.75 × 1 ×

𝜋(0.085)2

4
× 0.088 ×

3000

60 × 2
× 4 (5.2) 

= 𝟎. 𝟎𝟖𝟕𝟓 𝒌𝒈/𝒔  

It was decided that the first preliminary tests would be performed with Liquid Nitrogen 

(LN2) to test the credibility of the apparatus. A schematic diagram of the proposed 

cryogenic setup onto the engine setup is illustrated in Figure 5-2.  

Figure 5-2: Schematic diagram of the proposed cryogenic setup. 
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If losses are neglected the latent heat of the injected LN2 would be equal to the energy 

decreased from the intake air and assuming that a drop in temperature of 20 °C would 

be sufficient to mitigate the chance of knock to take place [130], the mass flow rate of 

LN2 needed was found from (5.3). The latent heat (ℎ𝑓𝑔) of LN2 was taken to be 190 

kJ/kg at a pressure of 150 kPa (due to boosted conditions of 0.5 barg) [126].  

𝑚̇𝑁2
ℎ𝑓𝑔 = 𝑚̇𝑎𝑖𝑟𝐶𝑝(𝑇𝑓 − 𝑇𝑖) (5.3) 

𝑚̇𝑁2
=

0.0875 × 1005 × 20

190 × 103
= 𝟎. 𝟎𝟎𝟗𝟑 𝒌𝒈/𝒔 

If each test would last approximately 1 minute which is sufficiently long enough to 

gather the relevant data needed for investigation, the total LN2 (𝑚𝐿𝑁2
) consumed would 

amount to: 

𝑇𝑜𝑡𝑎𝑙 𝑚𝐿𝑁2
= 0.0093 × 60 = 𝟎. 𝟓𝟔 𝒌𝒈 

The reservoir would be pressurised to 3.5 barg, the corresponding volume occupied by 

the LN2 (V𝐿𝑁2
) would result to: where ρ = 755 kg/m3 [126] 

V𝐿𝑁2
=

0.56

755
= 𝟎. 𝟕𝟒 𝒍𝒊𝒕𝒓𝒆𝒔 

Hence, a 2-litre reservoir would be sufficient to conduct two experiments without 

refilling. The reservoir displayed in Figure 5-3A was purchased, which is made out of 

stainless steel 304 as recommended by multiple sources [131] [132] and withstands a 

pressure of 12.5 bar.  

The cryogenic solenoid valve (HSB-3 90767) purchased is rated to work between 

temperatures of -200 °C and -40 °C and is mainly designed to work with LN2. However, 

since the boiling temperature of LN2 is less than that of LNG, it would be suitable as 

well for the cryogenic fuel. From Figure 5-3A it is important to appreciate that the valve 

stem of the nozzle is long to mitigate heat transfer from the coil to the cryogenic fluid 

and avoid it boiling off before being injected into the manifold. This design reassures 

the injection of LN2 rather than gaseous N2. 
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5.1.3 Orifice diameter determination 

An orifice is required downstream of the cryogenic solenoid valve to effectively control 

(meter) the flow of the cryogenic fluid as it exits the valve. This component is essential 

to ensure precise delivery of the medium. Maintaining consistent flow characteristics is 

crucial for the reliable cooling of the intake air during testing. In the absence of a nozzle, 

the fluid discharged from the solenoid valve may become uncontrolled, thereby reducing 

the efficiency and accuracy of the cooling process, which demands precise fluid 

dispersion control. As outlined by White [133], an orifice can operate in different modes 

depending on the ratio of discharge to supply pressure. For the LN2 injection system, a 

3 bar pressure difference was established between the intake manifold and reservoir, to 

be consistent with the supply pressure used in prior propane tests [91] [92]. The nozzle 

throat diameter (𝑑𝑡) was subsequently determined based on this pressure difference. 

𝐴𝑡 =
𝑚̇𝐿𝑁2

𝐶𝑑√2𝜌∆𝑝
=

0.0093

0.65√2 × 750 × 3 × 105
= 5.60 × 10−7 𝑚2 [133]           (5.4) 

𝑑𝑡 = √
4 × 5.60 × 10−7

𝜋
= 0.844𝑚𝑚 ≈ 𝟎. 𝟖𝟓 𝒎𝒎 

The value of 0.65 for the 𝐶𝑑 were based upon recommendations done by Ower [116] 

and values from the ISO 5167-2 [121].  

5.1.4 Prototype setup 

After all necessary equipment was procured a prototype set up was built to perform some 

initial testing with LN2 to verify the integrity of all the equipment as an integrated whole 

system as depicted in Figure 5-3A. A fine filter, as shown in the Figure 5-3B, was 

positioned at the bottom of the reservoir to prevent debris from entering the solenoid 

valve thereby avoiding potential blockages or damages to the solenoid valve. The vent 

valve depicted clearly in the illustration in Figure 5-2 evacuates N2 gas during apparatus 

cooling. Initially, large amounts of LN2 evaporate instantly upon pouring therefore this 

valve enables continuous filling by removing this N2 gas from the reservoir. As depicted 

in Figure 5-4A a container was also placed beneath the solenoid valve so that LN2 can 

be poured into it to increase the cooling process of the solenoid valve and LN2 can be 

delivered accordingly. This cooling is necessary because temperatures above the boiling 
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point of LN2 can cause it to change to the gaseous state. Additionally, insulation was 

applied to the reservoir and to all necessary piping to reduce heat transfer from the 

surroundings.  

  Due to the large temperature difference between the apparatus of the setup at ambient 

conditions and LN2, the amount of LN2 (𝑚𝐿𝑁2
) needed for the cooling process was 

estimated by weighing of the whole setup and assuming the same type of material 

throughout being stainless steel. The heat energy needed for the latent heat of LN2 would 

be equal to the change in temperature of the relevant components from ambient 

temperature of 25 °C to the boiling temperature of around -200 °C. The whole setup 

weighed approximately 4 kg (𝑚𝑠𝑒𝑡𝑢𝑝). 

𝑚𝐿𝑁2
ℎ𝑓𝑔 =  𝑚𝑠𝑒𝑡𝑢𝑝𝐶𝑝∆𝑇                                                   (5.5) 

𝑚𝐿𝑁2
=

4 × 480 × (25 − −200)

199 × 103
≈ 𝟐 𝒌𝒈 

Approximately 2 kg of LN2 was required to cool the apparatus to the corresponding 

boiling temperature. This cooling process was essential to ensure that the solenoid valve 

delivers LN2 rather than gaseous nitrogen (N₂). Injecting N2 into the intake manifold 

would mean that the latent heat of vaporisation would already have been transferred to 

the medium, thereby significantly diminishing the effectiveness of the cooling effect. 

Figure 5-3: A) The cryogenic setup before installed onto the engine.  

 B) The fine filter installed at the bottom of the cryogenic tank. 
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Therefore, maintaining the apparatus of the injection system at the boiling temperature 

of LN2 was crucial for optimal cooling performance. Frost immediately formed onto 

surfaces with no insulation applied as seen in Figure 5-4A. Leaks were checked with 

compressed air before filling up with LN2 and insulation was installed onto the prototype 

to decrease the heat transfer to the surrounding ambient and minimise vaporisation of 

the LN2 as seen in Figure 5-4B.  

 

 

5.1.5 Solenoid valve calibration 

The flow rate of the solenoid valve is determined by the calculated orifice diameter and 

the associated parameters described in Section 5.1.3. To calibrate and verify the flow 

rate of the orifice a gravimetric flow test was performed where the entire setup was 

weighed while the solenoid valve was operated at a 100% duty cycle. The 2-litre tank 

(cryogenic tank) was supplied with compressed air of 3 barg to be consistent with the 

calculations performed in Section 5.1.3. To determine the flow rate through the orifice, 

the total weight of the cryogenic setup was measured before the injection of LN2 and 

again after a defined time interval of 36s. A flow of 9.5±0.1 g/s was measured during 

this test which is fair when compared to that previously calculated of 9 g/s in Section 

5.1.3.   

Figure 5-4: A) The container placed beneath the solenoid valve.  

     B) The insulated cryogenic setup during LN₂ preliminary testing.  
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5.1.6 Cryogenic setup installation 

Due to the vibrations caused by the engine during experimentation, it was decided that 

the whole cryogenic setup would be installed onto the surrounding structure rather than 

with the engine itself. Since vibrations still would be present in the fixed structure the 

cryogenic setup was installed by means of studs as seen in Figure 5-5A to dampen the 

vibration caused and decrease the sploshing of the cryogenic fluid inside the reservoir. 

This mounting fixture was chosen for its structural rigidity in the vertical direction and 

ability to minimize resonant amplification in the horizontal direction. Its position was 

also determined to optimise accessibility for refilling. An adequate flexible pipe was 

carefully chosen to allow the transfer of the cryogenic fluid from the static reservoir to 

the vibrating intake pipe of the engine depicted in Figure 5-5B.  

As seen in Figure 5-7 and Figure 5-6, inside the intake pipe, a stainless steel sheet was 

installed horizontally to increase the contact surface area of the intake air to increase the 

cooling effect. The sheet was installed to prevent cryogenic fluid from immediately 

being carried away into the intake manifold by the high velocity intake air. The sheet 

width matched the pipe diameter, its length was three times the width (engineered 

Figure 5-5: A) Installed cryogenic setup on the engine.  

  B) Flexible pipe fixed to the solenoid valve and intake pipe. 
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choice), and the 8 mm lip height minimized airflow blockage. This was done by forming 

a 90° at the far edge facing the intake manifold. Moreover, this avoids inconsistent 

delivery of intake air temperatures to different combustion chambers and through 

turbulence within the intake air pipe formation of a more homogeneous intake air 

temperature is encouraged. Two slots were also done to the intake pipe to allow fixing 

of the plate to avoid it rotating or worse ending up blocking the intake manifold during 

experimentation. During the procedure it was made sure that all components installed 

are clean and free of any debris which might damage the engine. The cryogenic solenoid 

valve was designed to be controlled from the LabVIEW software program previously 

utilised to monitor the other equipment found on the engine setup.  

 

 

 

 

The solenoid valve was actuated using an input signal from a FeelTech DDS signal 

generator and the associated electrical circuit, as illustrated in Figure 5-8, to produce the 

required pulse widths required during the calibration process.  

Figure 5-7: The fabricated stainless-steel plate. 

Figure 5-6: Stainless-steel plate inserted inside the intake 

pipe. 
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5.1.7 Steady state testing 

To test the installed setup and ensure correct functionality, dual-fuel tests with diesel 

and LPG were first conducted with LN2 injection. To investigate the effect of this setup 

with regards to knock, steady state tests were performed where the intake air was heated 

from the setup prepared by Azzopardi [134] to a temperature of approximately 70 °C 

and the diesel injection was advanced to 22° CA BTDC. Such conditions increase the 

likelihood of knock and facilitate a clearer demonstration of the effect of intake 

temperature reduction through LN2 injection. Before experimentation took place, it was 

ensured that the pressure inside the 2-litre tank had increased to 3.5 barg providing a 

pressure difference of 3 bar between the manifold and the 2-litre tank due to boosted 

conditions of 0.5 bar. The solenoid valve was set to operate at a 100% duty cycle, which 

resulted in an initial temperature drop of approximately 13 °C as observed in Error! 

Figure 5-8: Electrical circuit for the cryogenic solenoid valve used 

during engine testing. 
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Reference source not found.. This discrepancy between the observed temperature drop 

and that initially assumed of 20 °C is attributed to the lack of sufficient pressure inside 

the reservoir which directly affected the flow rate. However, the temperature gradually 

began to rise afterwards. The air temperature was measured using a K type 1/16″ 

thermocouple positioned approximately 400 mm downstream of the LN2 injection. 

During testing, it was noticed that the pressure within the 2-litre tank changed noticeably 

in response to LN2 injection. Due to the reservoir’s limited capacity, even minor changes 

in the amount of LN2 affected the internal pressure significantly. Additionally, limited 

time prevented LN2 from evaporating at a sufficient rate, resulting in unstable pressures. 

This unstable pressure resulted in inconsistent LN2 injection quantities which caused a 

varying intake temperature drop compromising the obtained results. Hence, to stabilise 

the pressure, compressed air was supplied to the 2-litre tank and regulated to 5.5 barg. 

A higher air pressure was selected compared to the initially calculated 3.5 barg in the 

previous section to achieve a greater temperature drop, thereby enhancing the knock 

reduction effect. It is also important to mention that the initial assumed experimental 

duration of 1 minute will be greatly affected. As seen in Figure 5-10, with the 

compressed air supply of 5.5 barg the drop in the intake air temperature of approximately 

45°C remained constant until the solenoid valve was closed (red curve changed from 1 

V to 0 V). 

As shown in Figure 5-11, when vapour propane steady-state testing was conducted under 

no-knock test conditions at an optimised SOI of 18° CA BTDC, the measured torque 

was observed to gradually decline over time. However, no significant changes were 
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reported in the intake air temperature, MAF, MAP, or diesel fuel pressure. After 

extensive investigation, it was determined that the pressure of the propane gas supplied 

from the 15 kg (net) propane tank was decreasing drastically, directly affecting the flow 

rate through the LPG injectors. This phenomenon is attributed to the high consumption 

of propane over a short period, which did not allow sufficient time for the latent heat to 

be transferred from the surrounding environment to be supplied to the liquid propane 

within the gas cylinder. Consequently, controlled heating had to be applied to the surface 

of the cylinder through partial submersion of the gas cylinder into a water tank during 

dual-fuel testing. Water was continuously circulated at room temperature to maintain 

stable propane pressure thereby ensuring a consistent gas flow rate. The implementation 

of this setup seen in Figure 5-12 was successful as the propane flow rate caused a 

stabilised torque. 

 
Figure 5-12: Partially submerged gas tank cylinder in water. 

Figure 5-11: Reduction in torque during the steady LN2 state. 
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As observed in Figure 5-11 the measured MAF was less than the initially calculated 

value of 0.0875 kg/s. This is a well-known phenomenon attributed to the injection of 

gaseous fuel, which reduces the volumetric efficiency of the engine [135] [90]. In 

addition, the MAF further decreased when LN2 was injected which is likely attributed 

to the air displacement caused by N2 expansion as it changes state to gaseous form. This 

reduction in MAF is also reflected in the calculated lambda where it is seen to increase 

slightly during the LN2 injection. The final results of the LN2 steady state test with the 

corresponding reduction in knock is presented in Section 7.1. 

5.2 Dual-Fuel Testing with Liquid Propane  

5.2.1 Liquid propane transfer unit 

Due to safety concerns, the transportation and storage of LNG at the university were 

deemed unfeasible. Therefore, propane was selected as the preferred fuel to test the 

cryogenic fuel injection setup. Despite its properties differing considerably from LNG, 

experimentation with propane allowed for development of a reliable refilling procedure, 

thereby increasing confidence in the overall setup. To facilitate the filling of liquid 

propane into the 2-litre tank, an existing setup was utilised [136]. The schematic diagram 

and corresponding picture illustrated in Figure 5-13 and Figure 5-14 respectively, 

primarily consist of a refrigeration cycle, a vacuum pump, a storage tank, and a water 

reservoir. It is important to note that the 100-litre tank has two different outlet valves: a 

vapour outlet valve and a liquid outlet valve. More details about the exact functions of 

the different components of this setup are provided by Farrugia et al. [135]. 

  

Figure 5-13: Schematic diagram of the LPG transfer unit. 
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5.2.2 Alterations of the cryogenic setup and its filling procedure 

Figure 5-15 illustrates the cryogenic setup which was altered to accommodate the new 

working medium which is propane.  

Figure 5-14: The LPG transfer unit. 

Figure 5-15: Modified cryogenic setup for liquid 

propane injection. 
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The tray beneath the cryogenic solenoid valve was removed since no cooling of the 

solenoid valve is needed to inject liquid propane.  A manual shut off valve was installed 

between the 2-litre tank and the solenoid valve providing the ability to isolate the liquid 

propane inside the 2-litre tank particularly in the event of solenoid valve damage or 

failure to close. The outlet of the pressure relief valve was routed outside the 

thermodynamics laboratory to prevent any accidental release of propane gaseous fuel 

indoors in case of excessive pressure buildup within the 2-litre tank. The insulation 

previously applied to the setup was removed as the 2-litre tank would be at equilibrium 

pressure (approximately 8 bar at ambient temperatures). 

The LPG transferring unit was then used to fill up the 2-litre tank with liquid propane. 

Connections were made such that the liquid outlet from the filling system was attached 

to the top shut off valve while the vapour outlet was connected to the vent valve located 

at around 2/3 height of the 2-litre tank. In the first filling with propane after LN2 use, the 

2-litre tank was evacuated of any residual gases. Subsequently, liquid propane was 

allowed to flow thanks to the difference in pressure. The filling procedure was halted 

when liquid propane was observed flowing through the transparent tubing connected at 

the vent valve connection. The compressor integrated in the filling setup was then used 

to pump the propane from the supply lines back to the LPG transfer unit 100 litre tank. 

Therefore, after the filling procedure ends it can be concluded that the reservoir is 

consistently maintained at approximately 2/3 of its volume filled with liquid propane.  

5.2.3 Liquid propane temperature drop  

Unlike LN2, when working with liquid propane precise amounts of liquid fuel had to be 

supplied to the intake manifold pipe to satisfy the desired SR and AFR of the operating 

test being carried out. Hence, the drop in temperature of the intake temperature would 

be fixed and dependent upon the mentioned parameters. This was found through first 

calculating the AFR of propane:  

𝐶3𝐻8 + 𝑥 (𝑂2 +
79

21
𝑁2) → 𝑎𝐻2𝑂 + 𝑏𝐶𝑂2 + 𝑑𝑁2 (5.6) 

Performing element balance: 

𝐶: 3 = 𝑏  & 𝐻: 𝑎 = 4  & 𝑂: 𝑥 = 5 
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𝐴𝐹𝑅𝑣𝑜𝑙𝑢𝑚𝑒 =
5(1 + 1.

79
21)

1
=  

23.8

1
  

𝐴𝐹𝑅𝑚𝑎𝑠𝑠 = 𝐴𝐹𝑅𝑣𝑜𝑙𝑢𝑚𝑒 ×
𝑚𝑜𝑙𝑎𝑟 𝑚𝑎𝑠𝑠𝑎𝑖𝑟

𝑚𝑜𝑙𝑎𝑟 𝑚𝑎𝑠𝑠𝑓𝑢𝑒𝑙
= 23.8 ×

28.97

44.1
= 𝟏𝟓. 𝟔 (5.7)  

Based on previous testing, Azzopardi [91] and Scicluna [92] deduced that a 70% SR was 

needed to experience engine knock. However, due to the pilot diesel fuel needed to ignite 

the propane this value continues to change with the SR utilised during testing. Using 

previous trials [91], the minimum diesel fuel needed to ignite the gaseous fuel amounts 

to 0.76 g/s hence the propane mass flow rate would decrease to: 

𝑆𝑅 =
𝑚̇𝑝𝑟𝑜𝑝𝑎𝑛𝑒𝐿𝐻𝑉𝑝𝑟𝑜𝑝𝑎𝑛𝑒

𝑚̇𝑝𝑟𝑜𝑝𝑎𝑛𝑒𝐿𝐻𝑉𝑝𝑟𝑜𝑝𝑎𝑛𝑒 + 𝑚̇𝑑𝑖𝑒𝑠𝑒𝑙𝐿𝐻𝑉𝑑𝑖𝑒𝑠𝑒𝑙

(5.8) 

0.7 =
𝑚̇𝑝𝑟𝑜𝑝𝑎𝑛𝑒 × 46.296 × 106

(𝑚̇𝑝𝑟𝑜𝑝𝑎𝑛𝑒 × 46.296 × 106 + 0.76 × 10−3 × 42.791 × 106)
 

𝑚̇𝑝𝑟𝑜𝑝𝑎𝑛𝑒 = 𝟎. 𝟎𝟎𝟏𝟔 𝒌𝒈/𝒔 

Hence, the temperature drop caused by this amount of propane flow rate results to: 

𝑚̇𝑝𝑟𝑜𝑝𝑎𝑛𝑒ℎ𝑓𝑔 = 𝑚̇𝑎𝑖𝑟𝐶𝑝∆𝑇 (5.9) 

∆𝑇 =
0.0016 × 0.426 × 106

0.0875 × 1005
= 𝟕. 𝟕𝟓 ℃ 

5.2.4 Liquid propane orifice resizing 

The previous orifice sizing calculations done in Section 5.1.3 were performed for LN2 

as a medium. Hence, a flow test was carried out with liquid propane using the previously 

installed LN2 orifice and controlling the flow via PWM. Measures were taken to avoid 

any drops in pressure inside the 2-litre tank caused by the unavoidable time required for 

the liquid propane to get the latent heat needed to change its state during the injection of 

liquid propane. The 2-litre tank was supplied with compressed gaseous propane in order 

to maintain the equilibrium pressure inside the 2-litre tank at all times. To perform the 

flow test, the same apparatus used by Fenech [90], Azzopardi [91] and Portelli [89] 

during gaseous flow tests were used. However, a water heat exchanger was installed in 
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series to provide the latent heat to any liquid propane which might not have yet changed 

to its gaseous state as shown in the schematic Figure 5-16. 

As deduced from the gradient of the flow test results presented in Figure 5-17, the flow 

rate of the cryogenic solenoid valve with the LN2 sizing orifice was of 6.2 g/s of liquid 

propane. Although the flow rate of liquid propane was greater than it was required of 

1.6 g/s calculated in Section 5.2.3, a steady test was performed where both the injection 

frequency and duty cycle was varied and minimised to compensate for the larger flow 

rate. It is important to note that the solenoid valve exhibits a minimum Duration Of 

Injection (DOI) of approximately 25 ms – any shorter DOIs than this threshold would 

result in the valve failing to fully open.  

 

 

 

 

 

 

 

 

The relationship between the DOI, injection frequency and duty cycle is given by:     

y = 6.2273x + 0.5461
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Figure 5-16: Liquid propane flow test apparatus. 

Figure 5-17: Flow rate of propane with LN2 sized orifice. 
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𝐷𝑂𝐼 (𝑠) = % 𝐷𝑢𝑡𝑦 𝑐𝑦𝑐𝑙𝑒 ×
1

𝑓
(5.10) 

As illustrated in Figure 5-18 the in-cylinder pressure measurement reveal that the engine 

failed to maintain steady operation due to the cycle variation in peak in-cylinder 

pressure. This instability was primarily caused due to the slow frequency of the 

cryogenic solenoid valve (max 2.5 Hz) which caused inconsistent fuel delivery leading 

to cycle-to-cycle variations; some cycles failed to ignite due to insufficient delivery of 

gaseous propane. 

Increasing the DOI alone was insufficient to resolve this issue without simultaneously 

increasing the injection frequency. Maintaining a low frequency while extending the 

DOI would lead to excessive fuel delivery during certain cycles, causing SRs to exceed 

the desired target values and further compromising combustion stability. 

Therefore, the optimal solution involved reducing the orifice size and slightly increasing 

the solenoid valve frequency. Reducing the orifice size lowered the instantaneous flow 

rate, permitting the valve to operate at higher duty cycles and longer DOIs, ensuring 

reliable valve opening within its mechanical response limits. Increasing the frequency 

reduced the interval between injections, enhancing fuel distribution uniformity and 

combustion stability across engine cycles. This phenomenon can be explained by the 

valve’s mechanical and electromagnetic limitations where the solenoid valve requires a 

Figure 5-18: In-cylinder pressure variations. 
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minimum pulse width to fully open, and operating at low frequencies with large orifices 

forces the system to use very low duty cycles to avoid over fuelling. Such low duty 

cycles correspond to injection durations below the valve’s minimum response time, 

resulting in incomplete or failed injections. 

Due to the large internal geometry of the cryogenic solenoid valve, the maximum 

achievable operating frequency was low; not more than 3.4 Hz. It is important to 

appreciate that such low frequency compared to the typical experimentation engine 

speed of 2000 RPM is relatively low and can only be used since this setup is port fuel 

injected. The frequency of the solenoid valve can only be reduced if the amount of fuel 

injected per cycle is increased to compensate for the lower frequency. Given this 

frequency constraint, it became necessary to optimise the orifice size to ensure that the 

minimum DOI of 25 ms could be reliably achieved across the range of duty cycles 

required to achieve the desired SRs and fuel mixtures. Hence, the orifice diameter (𝑑𝑡) 

was determined accordingly by using (5.3) [133], where the saturation pressure and 

density of liquid propane at ambient conditions was taken to be approximately 8.1 bar 

and 500 kg/m3.  

𝐴𝑡 =
𝑚̇𝑝𝑟𝑜𝑝𝑎𝑛𝑒

𝑐𝑑√2𝜌∆𝑝
=

0.0016

0.65√2 × 500 × 8.1 × 105
= 8.65 × 10−8 𝑚2 

𝑑𝑡 = √
4 × 2.7 × 10−6

𝜋
= 𝟎. 𝟑𝟐 𝒎𝒎 

It was decided that a slightly larger orifice of 0.4 mm was used and from testing the 

frequency of the solenoid valve was set to 3.4 Hz. Operating at this injection frequency 

was found to have an improvement significantly improved the consistency of the 

maximum in-cylinder pressure between consecutive injections, thereby enhancing 

combustion stability. This was only possible due to correct sizing of the orifice which 

was adequate to operate within regimes requiring injection durations greater than the 

minimum DOI, thereby preventing injector opening failures associated with shorter 

pulses. As a result, this orifice size achieved a suitable compromise between maintaining 

sufficient instantaneous flow and ensuring reliable valve actuation at the specified 
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frequency. The corresponding flow characteristics for this orifice size are illustrated in 

Figure 5-19. 

5.2.5 MoTec knock signal calibration 

The MoTec 53116 SKM knock signal DAQ system, previously installed and used by 

Azzopardi [91], was calibrated using measured in-cylinder pressure oscillations. These 

oscillations were from in-cylinder pressure measurements taken with the AVL GH14P 

pressure sensor. The AVL FI PIEZO amplifier (2P2G) was set to have the low pass filter 

to 50 kHz. The sensor was left installed in cylinder number 3 (instead of the glow plug), 

as preliminary tests by Azzopardi [91] determined this cylinder to be the most prone to 

knocking. The  LabVIEW VI, previously prepared by Scicluna [92], was used to extract 

in-cylinder pressure segment where knocking occurred as depicted in Figure 5-20. A test 

exhibiting the highest recorded knock was selected for this calibration.  

y = 2.1712x + 0.5458
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Figure 5-19: Liquid propane flow rate with 0.4 mm orifice. 

Figure 5-20: Segment of in-cylinder pressure measurement highlighting the 

occurrence of knock. 
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The Maximum Amplitude of Pressure Oscillation (MAPO) was subsequently calculated 

from the extracted portion of the pressure signal. The MAPO was found from the in-

cylinder pressure signal after applying a band-pass filter set between 3 kHz and 10 kHz, 

as recommended by Sementa et al. [61]. The maximum amplitude of the resulting high-

frequency signal was selected as illustrated in Figure 5-21. Since knock occurs 

randomly, MAPO was computed for each individual cycle, and the mean value was then 

derived over all cycles. The mean MAPO value obtained was of 9.6 bar with a 

Coefficient Of Variation (COV) of 0.3, which was calibrated against the measured 

MoTec knock mean signal of 40.1 with a COV of 0.1. The knock results presented in 

Table 7-1 and Table 7-2 in Section 7.3 are based on this calibration.  

 

5.3 Closing Remarks 

Appropriate apparatus was procured  to construct the cryogenic setup. This setup was 

primarily designed to support the injection of LNG into the intake manifold, however, 

due to safety concerns related to fuel storage, LNG injection was not possible. To assess 

the cryogenic performance of the whole setup, LN2 was used and injected inside the 

intake manifold resulting in a consistent drop in temperature of approximately 45 °C. 

Additionally, an orifice size of 0.4 mm was decided for LN2 injection and the solenoid 

frequency was set to 3.4 Hz. Finally the MAPO was calculated and used to calibrate the 

MoTec knock signal. 

Figure 5-21: Band pass filter applied to the segment of the in-cylinder pressure signal. 
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Chapter 6. H2 Analysis Results 

From the performed experiments listed in Table 4-2, Table 4-3 and Table 4-4 presented 

in Section 4.3, several combustion characteristics where studied and are presented in this 

chapter according to the chosen literature identified in Chapter 3. The COV of each 

parameter presented in this chapter are listed in the different fuel tables presented in 

Chapter 10. Each graph displays results from three fuels: petrol, represented by the 

colour blue; propane, represented by green; and H2, represented by red and orange for λ 

values of 2 and 3 respectively, at different MAP values. The MAP is the widely accepted 

load parameter used in technical and academic literature where it represents the different 

loads which are a function of the throttle position This combustion characterisation is 

essential for understanding the differences between H2 combustion and that of traditional 

fossil fuels. With this knowledge, the direct implementation of H2 in DFEs can be 

facilitated more easily during the transition and integration of H2 into existing 

infrastructure. 

6.1 Measured Torque from Load Cell 

Figure 6-1 depicts the variation of the measured torque from the load cell at different 

MAP values.  

Figure 6-1: The variation of the measured torque with MAP.  
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The highest torque obtained was 26 Nm with petrol fuel at a MAP of 95 kPa with a spark 

timing of 20° CA BTDC. Although propane has a higher calorific value, it did not 

produce higher torque than petrol at any tested MAP and obtained a maximum torque of 

24 Nm at a spark timing of 20° CA BTDC. In contrast to petrol, propane was injected in 

a vapour state, thereby eliminating the need for vaporisation and facilitating more 

effective mixing with the intake air. The observed slight difference in torque may be 

attributed to a minor decrease in MAF, potentially resulting from the volumetric 

displacement caused by the injected propane vapour within the intake manifold. This 

directly affects the volumetric efficiency of the engine, a phenomenon well documented 

by Hashem et al. [137] who reported a 4.65% reduction with the use of LPG compared 

to petrol. This reduction in the volumetric efficiency is also noted by Farrugia and Briffa 

[135] during a similar LPG conversion.  

During testing, H2 in both λ2 and λ3 mixtures produced less torque when compared to 

the stoichiometric mixtures of propane and petrol fuels. Despite performing boosted 

conditions of 120 kPa during H2 testing, the maximum torque obtained during λ2 

mixtures was approximately 22 Nm and 16 Nm for the leaner λ3 mixture. Similarly, 

despite H2 having a higher calorific value, H2 displaces large amounts of air due to its 

low density and diffusivity characteristics highly impacting the volumetric efficiency of 

the engine, as presented by Fenech [90]. The primary reason for the reduced torque 

output is attributed to the lean air/fuel ratio employed during the H2 experimentation. If 

a stoichiometric H2 mixture had been used, the torque generated would likely have been 

higher. However, tests involving H2 stoichiometric mixtures were not conducted, since 

abnormal combustion is experienced as highlighted by Fenech [90]. 

6.2 Torque calculated from Indicated Work 

The indicated work was calculated using the measured in-cylinder pressure using (4.8). 

Since the measured torque from the load cell results from the indicated work by the 

piston, the characteristics of the curves presented in Figure 6-2 are similar to those 

depicted in Figure 6-1. Additionally, the torque was calculated from the indicated work 

and compared to the measured torque as illustrated in Figure 6-3. As expected, the torque 

derived from the indicated work is higher than the torque measured from the load cell. 

This is due to frictional losses which act on the piston crank assembly and the friction 

work is deducted from the “gross available” work on the piston termed the indicated 
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work. However, the similar characteristics observed between Figure 6-1 and Figure 6-3, 

support the validity of the indicated work values obtained through post processing, since 

these curves were generated from two distinct methods. 
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Figure 6-3: The variation of the torque with MAP calculated from the indicated work. 
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Figure 6-2: The variation of the indicated work with MAP. 
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6.3 Brake Thermal Efficiency 

The variation of the Brake Thermal Efficiency (BTE) with different MAP values is 

presented in Figure 6-4. Comparing the BTE of the three fuels shown in Figure 6-4, H2 

λ3 mixture yielded the lowest efficiency at a MAP of 75 kPa which may be attributed to 

the air displacement due to H2 injection. However, H2 during λ2 mixture, obtained the 

highest value of 23% during the λ3 mixtures, compared to 21% for petrol and propane 

fuels at wide open throttle. Despite producing less torque than petrol and propane, H2 

exhibited superior thermal efficiency. This indicates that H2 converts a greater 

proportion of the fuel’s energy into mechanical work, suggesting a more 

thermodynamically efficient combustion process. This is likely due to its higher calorific 

value and faster flame speed [64].  

6.4 In-cylinder Pressure Values 

All presented combustion characteristics were derived from in-cylinder pressure 

measurements. The in-cylinder pressure measurements for a MAP of 75 kPa are shown 

in Figure 6-5, while those for 95 kPa are presented in Figure 6-6. Since no 50 kPa test 

were conducted for H2 and no 120 kPa tests were performed for petrol, these conditions 

were combined and presented in Figure 6-7.  

Figure 6-4: The variation of the BTE with MAP.  
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Figure 6-5: The variation of in-cylinder pressure with crank angle at a MAP of 75 kPa. 
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Figure 6-6: The variation of in-cylinder pressure with crank angle at a MAP of 95 kPa. 
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By observing the shape characteristic of the in-cylinder pressure curves, several 

conclusions can be drawn. The most straightforward observation is that increasing the 

MAP results in higher in cylinder pressures. As noted by Molina et al. [59] and Sementa 

et al. [61], during dilute conditions the curves widen and flatten due to low in-cylinder 

pressures and longer burn durations. Additionally, the rate of pressure increase, which 

corresponds to the rate of heat release is lower for leaner mixtures. As clearly shown in 

Figure 6-11, petrol exhibits the highest rate of heat release, a conclusion that is supported 

by the steep gradients observed in the petrol pressure curves.  

6.5 Mass Fraction Burned  

As explained in Section 3.5, two MFB approaches were described and tend to yield 

different maximum MFB values which can evidently be seen through Figure 3-2. Hence, 

the MFB approach presented by Pipitone described in (3.16) had to be normalised to 

find the different combustion crank angles as presented in Section 6.8. The combustion 

characteristic which can be observed from these curves is the rate of heat released which 

will be discussed in Section 6.6. The Rassweiler and Withrow MFB curves for a MAP 

of 75 kPa are shown in Figure 6-8, while those for 95 kPa are presented in Figure 6-10. 

Since no 50 kPa test were conducted for H2 and no 120 kPa tests were performed for 

petrol, these conditions were once again combined and presented in Figure 6-9.  

Figure 6-8: The variation of MFB with crank angle at MAPs of 75 kPa. 
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 6.6 Peak Net Heat Release Rate 

Among the two approaches for calculating the net HRR described in Section 3.1, the 

data calculated using (3.5) was plotted, as this method is an improved version over (3.1), 

as previously discussed. Figure 6-11 depicts the calculated peak net HRR variation 

against MAP. 

Figure 6-10: The variation of MFB with crank angle at MAPs of 95 kPa 

Figure 6-9: The variation of MFB with crank angle at MAPs of 50 kPa and 120 kPa 
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The net HRR is directly correlated with the rate of change (gradient) of the MFB curves 

presented in the previous section. The highest peak net HRR obtained was observed 

during petrol testing where it developed the highest net HRR of 58 J/°CA. This elevated 

net HRR is one of the reasons for petrol to produce the highest torque.  

It is important to recognise that H2 appears to develop high net HRRs compared relative 

to the torque it produced. This high peak net HRR might be attributed to H2’s enhanced 

flame propagation which accelerates combustion [87]. Ma et al. [138] argued that the 

peak net HRR is influenced by the ignition timing, and a delayed ignition timing in 

certain instances can be beneficial for increasing the peak instantaneous net HRR, as 

combustion is improved due to additional allocated mixing time. Since, a late ignition 

advance of 10° CA BTDC was used during H2 testing at a MAP of 95 kPa with a λ2 

mixture , this may explain the observed high peak net HRR. However, as deduced from 

the spark sweeps shown in Figure 4-8, later spark timings beyond the MBT timing of 

10° CA BTDC seem to have an insignificant effect on producing additional torque. This 

implies that torque is not solely determined by the peak net HRR caused by the fuel but 

rather by the cumulative heat release as explained in the following section.   

Figure 6-11: The variation of the peak net HRR with MAP using the (3.5) approach 
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6.7 Cumulative Net Heat Release Rate 

The cumulative heat release for different MAP values is shown in Figure 6-12. Only the 

values obtained using Pipitone and Beccari’s [72] approach, as presented in (3.5) were 

plotted because negligible differences were observed compared to Stone’s [96] 

approach, presented in (3.1).    

The cumulative heat release was primarily computed to evaluate the energy losses which 

is described in (3.9) in Section 3.2. The cumulative heat release represents the gross 

thermal energy released from the fuel combustion during the engine cycle. It is noted 

that from this thermal energy released into the gases, heat, pumping and friction losses 

reduce the energy converted into work. Therefore, the magnitude of the cumulative heat 

release is higher than that obtained from the indicated work depicted in Figure 6-2. 

According to Eastop and McConkey [139] and Heywood [49], approximately 35% of 

the total energy fuel inputted in an internal combustion engine is converted into actual 

shaft or brake work, commonly expressed as brake horsepower. Therefore, when friction 

is subtracted from the indicated work, similar percentage values are obtained were 

approximately 30% of the cumulative heat release is converted into usable torque.  

Figure 6-12: The variation of the cumulative heat release with MAP. 
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6.8 CA10, CA50 and CA90 Locations 

The combustion locations CA10, CA50 and CA90 are presented in separate graphs. As 

explained in Section 3.5, two approaches were used to obtain the MFB profile and from 

which these combustion locations can be determined. Figure 6-13 presents the CA50 

locations obtained with the Rassweiler and Withrow approach presented in (3.11), while 

Figure 6-14 presents the CA50 crank angles by utilisation of the Roger’s approach 

presented in (3.16).  

The CA50 positions for all fuels, as derived from both approaches, appear to be very 

similar. For tradional fuels, the main observation is that an increase in MAP corresponds 

to the CA50 position occuring earlier with respect to TDC. When analysing these 

combustion locations it is important to consider the ignition advance used, which as 

shown in Table 4-3 and Table 4-4 was earlier only during the test at the 50 kPa MAP. 

Morever, although the same ignition advance was used for MAPs of 75 and 95 kPa, the 

resulting CA50 positions differed. 

Figure 6-13: The variation of CA50 locations with MAP using the Rassweiler and Withrow approach presented in 

(3.11). 
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Opposite behaviour was noticed from H2 analysis in both mixtures, where the CA50 

location appeared to occur later as MAP increased. As expected, the CA50 location for 

leaner mixtures occured later both due to the later ignition advance used and due to the 

slower combustion rate. However, during the MAP test of 95 kPa, as shown in Table 

4-2, the same ignition advance of 10° CA BTDC was used. However, the CA50 position 

differed further highlighting the slower burn rate when a leaner mixture was used. 

Similarly, the CA50 locations observed align closely with those reported by Molina et 

al. [59] in Figure 2-9 during low load conditions.  

 

For higher loads, comparisons were made with results obtained by Rrustemi et al. [60] 

who reported a CA50 of 10° CA ATDC at a MAP of 95 kpa for λ2 mixtures. At a MAP 

of 120 kPa and λ2 mixture, a CA50 of 22° CA ATDC was reported, which differs from 

the values obtained during experimentation. Rrustemi et al. [60] did not perform 

investigations beyond λ2.6; therefore comparisons for λ3 values cannot be made. On the 

other hand, Sementa et al. [61] obtained CA50 locations similar to those depicted in 

Figure 6-13 and Figure 6-14 . At a MAP of 100 kPa for λ2 mixtures, a CA50 of 8° CA 

ATDC was reported and for λ3 mixtures, a CA50 of 11° CA ATDC was obtained.  

Figure 6-14: The variation of CA50 locations with MAP obtained using the Roger’s approach presented in (3.16). 
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The CA10 and CA90 locations were determined from the two approaches to compute 

the fast burn duration, as discussed in Section 6.9. As observed from the CA50 locations 

reported in Figure 6-13 and Figure 6-14, the two approaches yielded similar values; 

hence it was decided to present only the values calculated using the (3.16) approach for 

the burn duration. The fast burn duration was computed as described in Section 3.7 and 

the corresponding CA10 and CA90 positions used are depicted in Figure 6-15.   

 

6.9 Fast Burn Duration 

The variation in fast burn durations for all fuels with respect to MAP is illustrated in 

Figure 6-16. The most notable distinction is the longer burn duration exhibited by 

traditional fuels compared to that observed during H2 testing. Additionally, the trends in 

the burn duration curves differ. While the burn duration of traditional fuels tends to 
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Figure 6-15: The variation of the CA10 & CA90 locations with MAP obtained using the Pipitone’s approach 

presented in (3.16). 
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increase with MAP, H2 testing shows a decrease in burn duration as MAP increases. It 

is important to note that even at lean λ3 mixtures, H2 demonstrates a shorter burn 

duration than traditional fuels. This is an important point to observe, as it is widely 

accepted that, under leaner mixture conditions, the flame speed tends to decrease 

significantly, which is why earlier ignition advance is typically required. These results 

highlight the rapid flame speed characteristic that H2 combustion possesses, a point 

emphasised by Al-Baghdadi [64].  

Comparing these results to those reported by Negurescu et al. [69] in Figure 2-11, shorter 

burn durations  of 21° CA at λ2 were reported, which align with those reported by 

Rrustemi [60] in Figure 2-13. This burn duration is slightly shorter to those depicted in 

Figure 6-16. For the λ3 mixture at wide open throttle conditions (100 kPa), Negurescu 

et al. [69] reported a burn duration of 34° CA, which is comparable to that depicted in 

Figure 6-16. For higher loads at λ2, Rrustemi et al. [69] reported a burn duration of 

approximately 29° CA which is slightly longer than that illustrated in Figure 6-16.  
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Figure 6-16: The variation of fast burn duration computed on values of CA10 and CA90 using the (3.16) approach. 
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6.10 Ignition Delay 

Figure 6-17 depicts the variation of ignition delay with respect to MAP. As expected, 

H2 λ3 mixtures exhibit a longer ignition delay compared to the richer λ2 mixture. The 

ignition delay for the H2 λ2 mixture remains relatively constant across the range of MAP 

values tested. In contrast, for the leaner mixture, the ignition delay shows a slight 

increase with increasing MAP. On the contrary, during both propane and petrol testing, 

the ignition delay tends to decrease as MAP increases. 

  

Since petrol is injected in a liquid state, it would require time to vaporise. Despite this 

unavoidable time, it seems to have a lower ignition delay at lower MAP values compared 

to propane which is injected in a vapour form. Jet [100] comments on how ignition delay 

is observed to be attributed to multiple factors such as the physical injection timing, 

mixing delay and chemical reaction delay. The author [100] observed similar 

characteristics to those mentioned by Obert [101] on results from performing petrol 

testing where it is emphasised that with an increase in MAP the ignition delay is 

decreased. This might take place since higher intake manifold pressures have a higher 

gas density, which cause higher in-cylinder temperatures during compression shortening 

the ignition delay. As commented by Hires et al. [140] the ignition delay is mostly 

affected by the ignition timing where earlier timings cause higher ignition delays due to 

the low in-cylinder temperatures in the early compression phase. 
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Figure 6-17: The variation of ignition delay with MAP. 
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6.11 Energy Losses 

The energy losses were estimated through two approaches described in Section 3.2. The 

first approach, based on (3.8) is presented in Figure 6-18. The energy lost primarily 

represents the heat lost; however, it also includes contributions from friction, blow-by 

gases and unburnt fuel. The results of the second approach are presented in Figure 6-19 

which were calculated through the (3.9) approach which makes use of Pipitone’s net 

HRR presented in (3.5). 

Figure 6-18: The variation of energy losses with MAP using the (3.8) approach. 

 

Figure 6-19: The variation of energy losses with MAP using the (3.9) approach. 
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As observed from Figure 6-18 and Figure 6-19 similarity in the obtained values and 

curve characteristics were noticed. It is important to appreciate that the two approaches 

used contain information which was obtained differently nevertheless the same 

conclusions were obtained. For all the fuels with the increase in MAP a higher heat loss 

was computed which directly correlates to the higher in-cylinder combustion 

temperatures achieved from the higher pressures. These conclusions are different to 

those reported by Demuynck et. al. [62] who through Figure 2-14 showed that heat flux 

reduced with the increase of the throttle position (i.e. increase in MAP). Subsequently, 

the authors [62] commented on how the heat flux of H2 during lean mixtures seem to be 

equivalent to that reported during petrol testing. In contrast, as observed in Figure 6-18 

and Figure 6-19 the heat losses of H2 during both mixtures tend to be less than those of 

petrol. It is also important to mention that the heat losses during the lean H2 λ3 mixture 

are less than those experienced during the richer H2 λ2 mixture due to the decrease in 

combustion temperature during the leaner mixture.   

6.12 Peak Blow-by Gases 

Among the various terms considered in the energy loss analysis, blow-by gases are 

included. The peak blow-by gases shown in Figure 6-20 were calculated through the use 

of (3.6) discussed in Section 3.1.  
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As depicted in Figure 6-20, blow-by gases tend to increase with MAP for all fuels, as 

expected, due to the higher in-cylinder pressure. According to Figure 2-16, Rahmani et 

al. [74] reported a higher mass flow rate during petrol fuelled tests compared to H2 tests. 

The authors commented that these tests were conducted at stoichiometric conditions 

with a DI fuel strategy. In contrast, the results shown in Figure 6-20 indicate that blow-

by gases during petrol tests amounted to larger amounts than those calculated for H2. 

This difference in blow-by between petrol and H2 is primarily attributed to the lower 

pressures generated during H2 lean mixtures, resulting in lower amounts of blow-by 

gases. A direct comparison can be made with the blow-by gases during stoichiometric 

petrol testing where Rahmani et al. [74] reported a mass flow rate of 1.5 g/s which is 

approximately twice than that depicted in Figure 6-20. One possible explanation for this 

difference might be the high CR of 11.5 utilised in the setup of Rahmani et al. [74] 

compared to the CR of 5.36 in this research. 

6.13 Maximum Mass Fraction Burned  

As previously mentioned in Section 6.10, the two MFB approaches described tend to 

yield different maximum MFB values. The maximum MFB obtained from the (3.16) 

approach was calculated and presented in Figure 6-21.  
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A portion of the values presented in Figure 6-21 can be attributed to the amount of fuel 

that remained unburned during the cycle. It can be observed that the highest maximum 

MFB values were obtained during H2 λ3 testing. These results directly correlate with the 

lowest energy losses reported during the same tests. This implies that when energy losses 

are minimised (due to lower temperatures at λ3), more energy is manifested in the 

combustion process and further promotes complete fuel burning. The high MFB values 

obtained are primarily due to the extreme lean operating mixtures. When an abundant 

amount of air is present in the combustion chamber, the fuel will effortlessly react with 

it and combust. Conversely, under stoichiometric conditions, the fuel may face greater 

difficulty reacting with air which results in increased unburned fuel.   

6.14 Energy Lost Ratio  

To provide context and enable better comparison, the calculated energy lost values were 

normalised by dividing the values by the total energy input (i.e. the multiplication of the 

mass of fuel and LHV) as depicted in Figure 6-22. Due to the similarity in the energy 

loss values reported in Figure 6-18 and Figure 6-19, this ratio was calculated on the 

energy loss values obtained through the (3.9) approach. 

Figure 6-22: The variation of heat lost as a ratio to the inputted energy with MAP. 
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Figure 6-22 reveals conclusions like those presented in Section 6.11 where H2, 

specifically the λ3 mixture, appears to have the lowest energy loss relative to the input 

energy. On the other hand, propane, specifically at low loads exhibits the highest energy 

loss. This might be attributed to the low manifold air pressure which likely causes 

incomplete combustion of the propane resulting in most of the injected fuel being 

classified as energy loss. This conclusion also agrees with the BTE findings depicted in 

Figure 6-4 where the highest values are obtained during the H2 λ3 mixture operation. 

6.15 Closing Remarks 

In this chapter various combustion characteristics were analysed using the most 

appropriate methods identified in Chapter 3 according to the test points identified in 

Section 4.3 for H2, propane and petrol. Through this combustion characterisation, 

distinctive combustion properties of H2 were identified and systematically compared 

with existing literature. Amongst the multiple combustion characteristics analysed, H2  

seemed to have the shortest burn durations, ignition delays and specifically at a MAP of 

95kPa both λ2 and λ3 mixtures recorded the highest BTEs when compared to the other 

fuels. Despite having higher calorific values, H2 for both mixtures did not achieve the 

highest torque, mainly due to differences in the air-fuel ratio (AFR) and its low density, 

which also affects the engine's volumetric efficiency. This analysis provides valuable 

insights into key parameters required to optimise H2 combustion performance. 

Consequently, it facilitates a smoother transition for integrating H2 combustion into DFE 

systems. 
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Chapter 7. Dual-Fuel Results and Discussion 

In this chapter all the results from the experimental investigation described in Chapter 5 

are presented and discussed. All tests presented were carried out using propane and 

diesel fuels with either liquid propane injection or LN2 injection. For liquid propane both 

cold (36 °C) and hot (74 °C) intake air tests were carried out; for LN2 only hot air intake 

testing was performed – if not heated the resulting decreased intake air temperature 

would be below zero, causing icing which can lead to problems. Although preliminary 

calculations in Chapter 5 assumed 3000 RPM, solenoid valve delay limited frequency 

to 2.5 Hz, so tests used 2000 RPM instead. All the tests carried out were at a 150 kPa 

boosted conditions and DOI of the pilot fuel (diesel) set to a constant injection minimum 

of 0.3 ms.  

7.1 LN2 Steady State Testing 

Steady state testing was performed at an air temperature of approximately 74 °C and the 

SOI was gradually varied to a maximum value of 22° CA BTDC before initiating LN2 

injection as shown in Figure 7-1. The SR was set to 60% and the λ=2.5.  

Figure 7-1: Steady state LN2 injection. 
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Upon initiation of LN2 injection the intake air temperature experienced a significant 

temperature drop of approximately 45 °C, maintaining this reduced temperature for 

about 40 seconds. This thermal reduction directly affected knock, corresponding to a 

decrease in MAPO, which was initially measured at around 8 bar and subsequently 

decreased drastically to typical operating levels of approximately 3 bar. It is important 

to note that a MAPO of 3 bar was recorded prior to LN2 injection when the SOI timing 

was set at 18° CA BTDC. Under the cooling effect of LN2, an equivalent MAPO of 3 

bar was observed even with the SOI retarded to 22° CA BTDC. Termination of LN2 

injection (indicated by the LSDi On/Off control signal transitioning from 1 V to 0 V), 

the intake air temperature rapidly increased, ultimately returning to its initial value of 74 

°C. Consequently, the MAPO increased in amplitude with the temperature rise, 

confirming the strong temperature dependence of MAPO.   

7.2 Liquid Propane Steady State Testing 

Steady state propane tests were performed at both cold and hot intake air temperatures 

since the drop in temperature caused by the phase change of liquid propane is less than 

that caused by LN2. Moreover, cold intake air temperatures of around 33 °C will not 

allow any formation of ice inside the intake manifold. The hot intake air tests were 

performed at temperatures of around 70 °C. To validate the effect of liquid propane 

injection, vapour propane tests were performed for comparison reasons. All the tests 

were performed with a 60% SR at a λ=2.5 and with a 70% at a λ=1.7. Since different 

SRs were used during experimentation, different SOI values were set accordingly during 

cold and hot intake air temperatures, depending on the limits of MAPO observed during 

testing. Additionally, different rise in temperatures, (which are equivalent to the drop in 

temperatures) were noticed during the liquid propane injection as highlighted in Figure 

7-3 and Figure 7-2. The increase in the measured air temperature during the 60% SR test 

was approximately 4 °C. As expected, the intake air temperature rise observed during 

the 70% SR test was higher reaching approximately 7 °C. This observed increase in 

temperature is of a similar magnitude to the temperature reduction induced by the liquid 

propane injection. Notably, the measured temperature rise during the 70% SR test 

closely aligned with the calculated temperature drop of 7.8 °C attributable to liquid 

propane injection, as detailed in Section 5.2.3. This close agreement validates the 

accuracy of the predicted temperature change under the specified operating conditions.  
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The SOI variation in each experiment together with the MAPO for hot and cold intake 

temperatures are depicted in Table 7-1 and Table 7-2 respectively. All the MAPO values 

presented have a COV of 0.3%. 

Figure 7-3:  Increase in temperature observed after stopping of liquid propane injection with a 60% SR and 2.5λ. 
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Figure 7-2: Increase in temperature observed after stopping of liquid propane injection with a 70% SR and 1.7λ. 
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Table 7-1: MAPO during cold intake temperatures for liquid and vapour propane injection at 60 %SR and 70% SR. 

 
Cold 

 
60 % SR at a λ=2.5 70 % SR at a λ=1.7 

 
Vapour LSDi Vapour LSDi 

SOI   

(°CA 

BTDC) 

25 30 35 25 30 35 18 25 18 25 

MAPO 

(bar) 4.8 5.5 6.0 4.1 4.3 4.5 4.1 7.2 3.8 4.3 

 

Table 7-2: MAPO during hot intake temperatures for liquid and vapour propane injection at 60 %SR and 70% SR. 

 
Hot 

 
60% SR at a λ=2.5 70% SR at a λ=1.7 

 
Vapour LSDi Vapour LSDi 

SOI   

(°CA 

BTDC) 

18 25 18 25 18 18 

MAPO 

(bar) 4.1 6.2 3.8 4.3 7.2 4.2 

 

The MAPO reported in Table 7-1 and Table 7-2 indicate that, under both cold and hot 

air temperature conditions the knock intensity levels decreased when LSDi was 

performed. As documented by Żółtowski [77] and Nwafor [75] the knock intensity 

levels in DFE is strongly dependent on the SR ratio. The highest MAPO recorded was 

of 7.2 bar observed with vapourised propane during cold intake temperatures at a SOI 



Chapter 7. Dual-Fuel Results and Discussion 

128 

 

timing of 25° CA BTDC. Equivalent MAPO values were also observed during vapour 

phase propane testing at hot intake temperatures with a SOI timing of 18° CA BTDC. It 

is important to note that SOI timings greater than 18° CA BTDC were not achievable at 

a 70% SR under hot intake conditions during both vapour and liquid propane testing.  

This was not feasible due to excessively high MAPO levels which pose a significant risk 

of engine damage. On the other hand, as expected for both fuel injection strategies, at a 

60% SR, SOI timings up to 25° CA BTDC were achievable corresponding to lower 

measured MAPO intensities. Moreover, at the same 60% SR, SOI timings as advanced 

as 35° CA BTDC were possible during cold intake temperatures, illustrating the strong 

dependence of MAPO on intake air temperature as emphasised by Lakshmanan et al. 

[86]. This effect is further evidenced by MAPO values of approximately 3 bar recorded 

during LN2 injection which were not attained with liquid propane injection, even at a 

SOI timing of 25° CA BTDC under cold intake conditions. It is important to emphasise 

that the intake air temperature reduction achieved by LN2 injection is approximately six 

times greater than that produced by liquid propane injection 

7.3 Effect of Knock on Torque 

During steady state testing all input variables were held constant to maintain stable 

output parameters such as torque. However, it was observed that torque output varied 

with MAPO during the tests. This phenomenon is illustrated in Figure 7-4 and Figure 

7-5, showing results from vapour and liquid propane injection during separate tests.  

 

Figure 7-4: The variation of torque with time during steady state testing with vapour propane at cold intake air 

temperatures. 
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As outlined by Syrimis et al. [76] the random occurrence of knock and the linear 

variation of heat flux with knock intensity result in energy loss which is reflected in the 

torque output. This finding directly correlates to the “scouring” of the quenching 

boundary layer that Riccardo [13], mentioned which increases the energy loss. The 

MAPO profiles presented in Figure 7-4 and Figure 7-5 clearly illustrate an increase in 

knock magnitude during vapour-phase testing. Consequently, as previously discussed, a 

reduced MAPO is observed during liquid propane injection, which is attributed to the 

corresponding reduction in intake air temperature. 

7.4 Closing Remarks 

The results obtained from experimental investigations involving both liquid propane 

injection and vapour-phase propane testing, particularly through the analysis of the 

MAPO, indicate that liquid propane injection effectively mitigates knocking. This 

outcome is consistent with expectations due to the associated reduction in intake air 

temperature, a phenomenon well-documented in the literature. This conclusion was 

further validated through experiments involving LN2 injection, where a temperature 

drop of approximately 45 °C significantly reduced the MAPO values, even at advanced 

SOI timings. These findings are critical for enhancing the performance and knock 

resistance of current DFE configurations, thereby facilitating a more seamless and 

effective integration of H2 fuel into DFE systems. 
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Figure 7-5: The variation of torque with time during steady state testing with liquid propane injection at cold intake 

air temperatures. 
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Chapter 8. Summary and Conclusions 

As technologies advance, renewable energy is becoming increasingly accessible. This 

progress and abundance in renewable energy creates a growing need for the development 

of advanced energy storage technologies to store energy for later use, thereby reducing 

dependency on the conventional technologies powered by fossil fuels. Among various 

energy storage options, the generation and storage of H2 fuel represent a promising 

solution. H2 has diverse applications, including use as a fuel in internal combustion 

engines. To gradually introduce H2 as an alternative sustainable fuel, a smooth transition 

through application in DFE technology is essential. This transition requires a detailed 

analysis of H2 combustion to identify differences from traditional fuels and to determine 

key operational parameters such as ignition timing for optimised combustion. Similar to 

how hybrid technologies played a crucial role in the advancement of electric vehicles, 

H2 DFEs can serve as a vital bridging technology, supporting cleaner and more efficient 

transportation solutions for future generations. Nonetheless, during this transition 

period, fully utilising existing dual-fuel technology is both practical and beneficial. 

To further advance the understanding of H2 combustion, a comprehensive experimental 

investigation was conducted to determine its combustion characteristics. For comparison 

purposes, identical experiments were performed using traditional fuels. A key aspect of 

this investigation was the development of an improved mass airflow measurement 

system for the engine, which allowed the determination of the AFR during lean H2 

operation. This measurement system employed choked flow theory through the design 

and implementation of a critical flow orifice sized specifically to measure the engine’s 

intake airflow. This technique was selected because the measurement is not affected by 

the pulsating airflow conditions intrinsically found in an engine. This improved 

measurement capability is essential for a more accurate combustion analysis, as precise 

determination of the fuel mixture is fundamental to studies focusing on fuel utilisability. 

Notable differences observed during H2 operation included significantly shorter ignition 

delay and combustion duration compared to traditional fuels. The ignition delay and 

combustion duration of H2 λ2 was concluded to be 1 and 29° CA respectively, while for 

stoichiometric petrol operation were 4 and 46° CA. Since the main objective of this 

experimental investigation involved the exploration of lean mixtures, lower power 

output was noted. It was concluded that despite the reduced power, substantially a higher 
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brake thermal efficiency of 23% was achieved with H2 λ3 mixture compared to the 21% 

achieved with petrol and propane testing at wide open throttle. This high efficiency 

obtained during H2 testing further underscores its efficient combustion capabilities.    

A major focus of the research was the enhancement of DFE performance through the 

concurrent exploration of LSDi technology. This technology involves the injection of 

fuel in its liquid phase to utilise the latent heat of vaporisation subsequently prompting 

intake air cooling. A cryogenic system, consisting of both storage and injection 

components, was assembled from commercially available parts with the original intent 

of using LNG as the liquid fuel. However, due to safety and handling concerns with 

LNG, experiments were redirected towards other cryogenic fluids. Testing with LN2 

successfully demonstrated an intake air temperature reduction of approximately 45 °C. 

Subsequent experiments made use of liquid propane as a substitute fuel, to investigate 

the effects at different substitution ratios. Liquid propane injection achieved temperature 

reductions of 7 °C and 4 °C for fuel SRs of 70% and 60% respectively, confirming the 

cooling effectiveness of liquid fuel vaporisation. The LSDi system was further validated 

by calculating the MAPO through comparison of data obtained from liquid phase 

injection and vapour phase testing. This comparison provided strong evidence of the 

effectiveness of the LSDi technology across different SRs and intake air temperatures. 

Therefore, it was concluded that this injection system significantly reduced the intake 

air temperature. As a result, this approach addressed the common operational limitation 

of engine knock experienced in gas-fuelled engines, thereby improving combustion 

stability and efficiency. 

By combing the extensive research on the combustion characteristics of H2 with liquid 

fuel injection strategies, this study presents an integrated approach for cleaner and more 

efficient fuel utilisation to produce mechanical work. This approach not only advances 

the understanding of these distinct combustion technologies but also proposes a viable 

pathway for optimising existing dual-fuel combustion systems. This contributes 

valuable knowledge to the ongoing development of H2-powered internal combustion 

engines. The outcomes of this work have significant implications for accelerating the 

transition towards sustainable fuel use in the transportation section, as well in other 

industrial areas such as the power generation. The combined effect of these two 

investigations was intended to align the two separate technologies, thereby taking 
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existing research one step forward and ensuring that future generations benefit from a 

healthier and safer environment. 

8.1 Limitations of Work 

Liquid state injection limitations: One limitation of the built injection system in reducing 

the intake air temperature for the dual-fuel setup is the procured cryogenic solenoid 

valve. Testing revealed that it cannot operate at frequencies higher than 3.4 Hz. 

Consequently, testing at higher substitutional ratios cannot be reliably performed with 

this type of solenoid valve. Additionally, testing at higher engine speeds are also not 

feasible for the same reason. To conduct these tests, another cryogenic solenoid valve 

must be procured, which will likely be challenging due to the demanding cryogenic 

requirements involved.  

H2 combustion characterisation limitations: For the H2 experiments, petrol and propane 

tests at 120 kPa MAP could not be conducted due to the risk of engine damage, 

preventing direct comparison with H2 results. Similarly, stoichiometric H2 tests could 

not be performed due to backfiring from the port fuel injection strategy. The available 

engine has a low compression ratio which did not enable high BTE efficiencies to be 

obtained during experiments. It would have been beneficial if a new engine with a higher 

compression ratio was procured.  

8.2 Suggestions for Future Work  

The procurement of an electrolyser to generate H2 on-site would be ideal for performing 

further investigations with H2. This apparatus would reduce dependency on compressed 

H2 gas bottles and the associated delays experienced during this study. The electrolyser 

is necessary because the next step involves integrating H2 into the dual-fuel engine setup, 

which is a 2-litre engine operating optimally at 2000 RPM. Consequently, the dual-fuel 

engine will consume approximately six times more H2 than the single-cylinder J.A.P. 6 

engine. Moreover, as deduced by Fenech [90], while carrying tests with H2 on the J.A.P. 

6 engine, a 200 bar, 8 Nm3  tank would last approximately 30 minutes at an engine speed 

of 1500 RPM and a fuel line pressure of 3 bar. This operational time would reduce to 

about 5 minutes if the same H2 tank was used for the dual-fuel H2 experiments. 
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Chapter 10. Appendix 

The Tables in this chapter contain all the values obtained both from the slow and fast data values presented in all the figures in Chapter 6. Additionally, for each parameter the corresponding COV values are presented. It 

is important to note that the MBT spark timing, CA10, CA50 and CA90 values are presented with reference to After Bottom Dead Centre (ABDC). 

 

Table 10-1: The mean and COV values of slow and fast data collected during the petrol fuel tests. 

 

Table 10-2: The mean and COV values of slow and fast data collected during the propane fuel tests. 

 

Petrol 

Load 
Statistical 

Parameter 

MBT 

Spark 

Timing 

(CA 

ABDC) 

Measured 

Torque 

(Nm) 

Peak 

Work 

(J/cycle) 

Brake 

Thermal 

Efficiency 

(%) 

Peak In-

cylinder 

Pressure 

(bar) 

Peak 

Net 

HRR 

(J/CA) 

Cumulative 

Net HRR 

(J/cycle) 

CA10 

(CA 

ABDC) 

CA50 

(CA 

ABDC) 

CA90 

(CA 

ABDC) 

Fast 

Burn 

Duration 

(CA) 

Ignition 

Delay 

(CA) 

Energy 

Losses  

Eq. (3.8) 

(J/cycle) 

Energy 

Losses 

Eq. (3.9) 

(J/cycle) 

Peak 

Blow-

by 

Gases 

(g/s) 

Peak 

Mass 

Fraction 

Burned 

(3.16) 

Energy 

Lost 

Ratio 

50kPa 
Mean 155 8.3 154.4 15 11.7 22.1 458.5 180.3 190.6 218.1 37.8 8.1 263.0 208.9 0.32 0.67 0.31 

COV (%) 0.001 0.8 1.3 1.2 3.7 8.7 1.0 1.2 1.3 1.3 8 19.7 1.6 2.2 3.2 1.0 2.2 

 

75kPa 
Mean 160 18.9 302.0 20.3 19.8 44.2 757.6 179.5 187.7 211.6 40.3 3.5 376.1 326.9 0.53 0.71 0.29 

COV (%) 0.001 0.4 0.6 0.7 0.8 8.0 0.7 1.1 0.7 1.1 7.4 14.4 1.6 1.5 1.7 0.7 1.5 

 

95kPa 
Mean 160 26 403.9 20.7 25.1 57.9 972.8 178.6 186.8 212.1 41.l 3.7 471.8 487.0 0.66 0.69 0.32 

COV (%) 0.01 2.3 0.6 2.4 1.8 7.7 0.7 0.9 0.7 0.8 5.8 12.5 7.5 1.3 1.5 0.7 1.3 

Propane 

Load 
Statistical 

Parameter 

MBT 

Spark 

Timing 

(CA 

ABDC) 

Measured 

Torque 

(Nm) 

Work 

(J) 

Brake 

Thermal 

Efficiency 

(%) 

Peak In-

cylinder 

Pressure 

(bar) 

Peak 

Net 

HRR 

(J/CA) 

Cumulative 

Net HRR 

(J/cycle) 

CA10 

(CA 

ABDC) 

CA50 

(CA 

ABDC) 

CA90 

(CA 

ABDC) 

Fast 

Burn 

Duration 

(CA) 

Ignition 

Delay 

(CA) 

Energy 

Losses  

Eq. (3.8) 

(J/cycle) 

Energy 

Losses 

Eq. (3.9) 

(J/cycle) 

Peak 

Blow-

by 

Gases 

(g/s) 

Peak 

Mass 

Fraction 

Burned 

(3.16) 

Energy 

Lost 

Ratio 

50kPa 
Mean 155 6.0 118.4 10.6 9.4 16.3 394.8 182.5 194.2 218.1 34.3 10.7 411.5 316.3 0.28 0.64 0.44 

COV (%) 2.1 1.9 16.3 2.6 15.6 21.4 7.7 2.8 3.8 5.7 31.6 34.7 2.4 9.6 10.7 7.7 9.6 

 

75kPa 
Mean 160 16.7 273.2 17.8 17.9 36.5 693.7 179.8 189.2 214.6 34.8 5.0 481.6 461.8 0.51 0.61 0.39 

COV (%) 2.1 0.9 3.5 0.5 5.9 14.1 2.9 1.2 1.3 3.0 19.6 39.1 2.2 4.3 5.2 2.9 4.3 

 

95kPa 
Mean 160 24.4 384.5 20.5 24.3 50.0 926.2 177.2 186.0 212 34.8 3.8 549.2 540.5 0.65 0.56 0.36 

COV (%) 0.6 2.3 1.6 1.5 3.1 10.2 1.7 0.9 0.9 2.7 17.7 24.8 2.5 2.9 2.6 1.7 2.9 
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Table 10-3: The mean and COV values of slow and fast data collected during the H2 λ2 fuel tests. 

 

Table 10-4: The mean and COV values of slow and fast data collected during the H2 λ3 fuel tests. 

 

 

 

H2 λ2 

Load 
Statistical 

Parameter 

MBT 

Spark 

Timing 

(CA 

ABDC) 

Measured 

Torque 

(Nm) 

Work 

(J) 

Brake 

Thermal 

Efficiency 

(%) 

Peak In-

cylinder 

Pressure 

(bar) 

Peak 

Net 

HRR 

(J/CA) 

Cumulative 

Net HRR 

(J/cycle) 

CA10 

(CA 

ABDC) 

CA50 

(CA 

ABDC) 

CA90 

(CA 

ABDC) 

Fast 

Burn 

Duration 

(CA) 

Ignition 

Delay 

(CA) 

Energy 

Losses  

Eq. (3.8) 

(J/cycle) 

Energy 

Losses 

Eq. (3.9) 

(J/cycle) 

Peak 

Blow-

by 

Gases 

(g/s) 

Peak 

Mass 

Fraction 

Burned 

(3.16) 

Energy 

Lost 

Ratio 

75kPa 
Mean 170 8.8 145.1 17.8 13.8 29.4 397.7 179.9 186.3 203.8 28.6 1.9 161.3 120.7 0.44 0.75 0.23 

COV (%) 0.08 0.8 1.7 1.9 2.3 8.5 2.0 0.08 1.0 3.1 22.6 50.5 4.4 4.5 1.7 2.0 4.5 

 

95kPa 
Mean 170 12.4 207.5 21.7 18.1 40.0 522.3 179.1 185.5 207.0 28.5 1.4 198.6 162.6 0.57 0.76 0.23 

COV (%) 2.4 7.4 1.7 3.5 4.7 6.9 1.4 0.08 0.4 1.0 11.6 56.7 14.5 4.4 1.7 1.4 4.4 

 

120kPa 
Mean 170 20.6 307.0 25.4 22.3 52.1 697.6 184.8 190.3 208.4 24.8 1.0 235.8 235.5 0.69 0.77 0.24 

COV (%) 0.01 2.3 1.2 2.9 3.0 7.1 1.0 1.6 3.0 0.6 5.5 55.3 6.7 3.4 5.4 1.0 3.4 

H2 λ3 

Load 
Statistical 

Parameter 

MBT 

Spark 

Timing 

(CA 

ABDC) 

Measured 

Torque 

(Nm) 

Work 

(J) 

Brake 

Thermal 

Efficiency 

(%) 

Peak In-

cylinder 

Pressure 

(bar) 

Peak 

Net 

HRR 

(J/CA) 

Cumulative 

Net HRR 

(J/cycle) 

CA10 

(CA 

ABDC) 

CA50 

(CA 

ABDC) 

CA90 

(CA 

ABDC) 

Fast 

Burn 

Duration 

(CA) 

Ignition 

Delay 

(CA) 

Energy 

Losses  

Eq. (3.8) 

(J/cycle) 

Energy 

Losses 

Eq. (3.9) 

(J/cycle) 

Peak 

Blow-

by 

Gases 

(g/s) 

Peak 

Mass 

Fraction 

Burned 

(3.16) 

Energy 

Lost 

Ratio 

75kPa 
Mean 160 6.7 107.0 15.3 11.2 13.3 311.4 178.8 190 214 31.7 3.9 106.3 68.8 0.39 0.82 0.18 

COV (%) 0.01 2.9 8.3 4.6 4.7 13.9 6.2 0.2 4.1 1.5 30.4 64.0 5.4 19.8 2.6 6.2 19.8 

 

95kPa 
Mean 170 10.0 171.8 22.7 14.3 23.4 457.7 184.8 194.3 216.3 33.9 3.3 98.6 72.2 0.50 0.84 0.13 

COV (%) 0.05 1.3 5.1 1.9 6.2 10.5 4.4 1.6 1.8 1.3 28.9 28.5 7.2 27.8 6.9 4.3 27.8 

 

120kPa 
Mean 170 15.6 254.3 26.1 18.0 30.7 626.5 186.4 196.6 213.7 29.8 3.7 124.1 179.9 0.61 0.82 0.22 

COV (%) 0.08 0.7 2.5 2.5 5.4 8.2 2.2 1.2 1.4 1.3 11.7 17.1 10.0 7.7 6.8 2.2 7.7 


